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Abstract

Split air-conditioners have deficiency in thermal comfort due to its draught 

sensation and fan noise. The existing radiant cooling systems adopt chilled water as 

circulating medium, leading to low energy efficiency because of the requirement of 
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secondary heat exchange. To address these problems, a novel refrigerant-direct radiant 

cooling (RDRC) system is proposed. Experiments are conducted in a climate chamber 

to evaluate the thermal performance of this system. Results show that the RDRC 

terminal surface temperature is distributed homogenously and this system has excellent 

stability. The mathematical and economic models of this terminal are established and 

the mathematical model is validated with the measured data. The effects of different 

structural parameters on thermal and economic performances of the RDRC system are 

investigated, and then this terminal is optimized by orthogonal design method. The 

cooling capacity for per exterior area is considered as objective function and the initial 

cost less than 121.1 $ is taken as constraint condition. Results indicate that the fin height 

of 40.0 mm, the copper pipe diameter of 6.0 mm, the copper pipe spacing of 40.0 mm 

and the aspect ratio of 0.88 are recommended.

Keywords: refrigerant-direct radiant cooling system; mathematical and economic 

models; thermal and economic performances; optimal structure

Nomenclature

A area (m2) Greek symbols

B Chisholm parameter λ thermal conductivity (W· m-1· K-1)

Bo boiling number δ thickness (mm)

bw simplified coefficient ε emissivity



C
constant of Lockhart and Martinelli 

parameter
ρ density (kg· m-3)

cp specific heat (J· kg-1· K-1) σ
Stefan-Boltzmann constant, 

(5.67×10-8 W· m-2· K-4)

D diameter (mm) μ dynamic viscosity (Pa· s)

E enhancement factor α volume expansion coefficient (1· K-1)

fr friction factor ν kinematic viscosity (m2· s)

G refrigerant mass flow rate (kg· s-1) φ relative humidity (%)

Gr Grashof number ϕ multiplier factor

ga acceleration of gravity (m· s-2) η efficiency (%)

H height (mm) Subscripts

h
convective heat transfer coefficient 

(W· m-2· K-1)
co copper pipe

hD
conversion heat release coefficient 

(W· m-2· K-1)
coi inner surface of copper pipe

I enthalpy (J· kg-1) coo outer surface of copper pipe

J effective radiation (W· m-2) cond conduction

L length (m) conv convection

M molecular weight conde condensation

m
mass velocity of refrigerant (kg· m-

2· s-1)
e evaporate

Nu Nusselt number ea exterior area

n number of sections fe fin-end

Pr Prandtl number g gas

p pressure (Pa) i node i

pc critical pressure (Pa) inl inlet

Q cooling capacity (W) l liquid

q heat flux (W· m-2) le labor expense

Re Reynolds number n indoor air

R thermal resistance (m2· K· W-1) out outlet

R′ range pb pool boiling

S suppression factor r refrigerant

r rate (kg· s-1) rad radiation

t temperature (oC) se connection segment



tm mean surface temperature (oC) sim simulated

v superficial velocity (m· s-1) sp spacing

w width (mm) st steel panel channel with copper pipe

X angle coefficient stk steel panel channel with water

Xtt Martinelli parameter t total

x vapor quality wa wa

z shape parameter of fins wf water film

Δhlv latent heat of vaporization (J· kg-1) Abbreviations

Δl control volume length (m) RDRC refrigerant-direct radiant cooling

Δp pressure drop (Pa) IC initial cost

Δt temperature difference (oC)

1. Introduction

With the improvement of living standards, the requirements of indoor comfortable 

environment are gradually increasing, while the building energy consumption increases 

as well [1]. Traditional split air-conditioners depend on forced convection only, which 

have the defects of poor thermal comfort and low energy efficiency [2]. It is essential 

to develop new techniques with the merits of improving indoor thermal comfort and 

degrading energy consumption. 

Radiant cooling systems have been drawn much attention in recent years, which 

can achieve good thermal comfort and high energy efficiency [3]. Catalina et al. [4] 

investigated the performance of a radiant cooling ceiling through numerical simulation, 

and the results showed that this system could achieve small vertical temperature 



gradient and low air velocity, which were less than 1 oC· m-1 and 0.1 m· s-1. Kitagawa 

et al. [5] evaluated the thermal comfort of a radiant cooling system based on the thermal 

sensation vote, illustrating that the most comfortable sensation vote was around -0.5 

rather than neutral. Niu et al. [6] analyzed the annual energy consumption of a hybrid 

chilled-ceiling system and justified that this system could reduce 44% primary energy 

due to the improvement of evaporating temperature. A field study of a radiant air-

conditioning system was carried out by Peng et al. [7] in south-central China, with 

results showing that this system was able to save 26.4% energy in comparison with split 

air-conditioners. 

Researchers also have investigated the heat transfer characteristics and design 

optimization of radiant cooling systems to obtain better thermal performance. Xia et al. 

[8] launched a theoretical research of the metal ceiling radiant cooling panel and 

suggested that the flow rate, fluid inlet temperature and architecture materials exert 

significant roles in evaluating the heat transfer performance of this system. Li et al. [9] 

presented a new heat transfer formula of the radiant floor system based on the 

simulation model, with results showing that the floor surface temperature distribution 

and the thermal performance of this system could be predicted precisely. Tian et al. [10] 

developed a heat transfer model to explore the cooling performance of ceiling radiant 



cooling panels. The results confirmed that the cooling capacity of this system was 17.1% 

higher than the manufacture’s data under the condition of the characteristic temperature 

difference with 8 oC. A dynamic model of the thermoelectric radiant ceiling panel 

system was established by Luo et al. [11], justifying its contribution to predicting heat 

transfer performance, structure design and operating control. Shen et al. [12] developed 

a simplified representation method to predict thermal characteristics and provided the 

optimal design configurations for the thermoelectric radiant air-conditioning system, 

indicating that the thickness of radiant panels with 4 mm and the number of 

thermoelectric modules with 16 m2 should be adopted. Su et al. [13] launched a 

simulation model to clarify the heat transfer mechanism of the radiant ceiling panel 

system and then optimized its structural parameters. The results showed that the suitable 

design of radiant ceiling panels was the thickness with 4.0-5.0 mm and the copper pipes 

with small diameter. Mosa et al. [14] used a numerical simulation method to explore 

the impact of flow channel configurations on overall performance of the radiant cooling 

panel, and the results confirmed that the dendritic structure could improve the cooling 

capacity and reduce pump power. The advisable configuration and spacing of the 

thermoelectric modules (TEMs) for radiant cooling system were conducted by Lim et.al. 

[15], and suggested that the best choice of this system was the TEMs with triangular 



architecture and the spacing with 0.28 m.

However, when the radiant cooling systems are used to provide space cooling, the 

moisture condensation phenomenon on the radiant terminal surface cannot be ignored 

[16]. The main reason is that the radiant terminal surface temperature is lower than the 

dew point temperature of indoor air [17]. To tackle this issue, Ning et al. [18] developed 

a numerical model to optimize the structure of the cooling radiant ceiling panel with 

thin air layer, with the results showing that an air layer was competent to reduce 

temperature difference of panel surface, avoid condensation and improve the cooling 

capacity. Xu et al. [19] centered on the thermal performance of an air-carrying energy 

radiation air-conditioning system through CFD simulation, and proved that this system 

could prevent condensation and improve the heat transfer capacity in comparison with 

traditional radiant plate systems. Hernández et al. [20] conducted an experimental 

investigation of the new terminal unit integrating a radiant cooling floor with an 

underfloor air distribution system. The results indicated that this system had the 

potential of degrading the condensation risk, increasing the cooling capacity and 

reducing the response time of space load change. In addition, many scholars have 

concentrated on the radiant cooling systems combined with additional dehumidification 

systems to prevent condensation. Zhang et al. [21] proposed a new method to mitigate 



condensation risk of the hybrid cooling system, which integrated the chilled ceiling 

with independent air dehumidification systems, and suggested that the process of 

dehumidification and ventilation should be implemented in advance until this system 

worked stably. Sui et al. [22] investigated the performance of a radiant chilled ceiling 

system coupled with an air handing unit, and the results showed that this system was 

able to prevent dew condensation effectively in hot and humid climate. A simulation 

method was established by Seo et al. [23] to confirm the possibility of a radiant floor 

cooling system associated with dehumidified ventilation in Korea, justifying its 

contribution to avoiding the risk of dew condensation. 

Nevertheless, these additional devices will increase the complexity of radiant 

cooling systems and initial cost. Besides, the existing radiant cooling systems generally 

use chilled water as working fluid with low energy efficiency. To tackle these issues, a 

novel refrigerant-direct radiant cooling (RDRC) system is proposed in this paper. This 

system adopts refrigerant as circulating medium to avoid secondary heat exchange. 

Additionally, there is no need of independent dehumidification systems since it allows 

dew condensation behavior on the RDRC terminal surface to mitigate indoor moisture 

content, which can reduce the system complexity and initial cost. Therefore, the RDRC 

system is suitable for application in residential buildings due to its simple structure. In 



order to improve the thermal and economic performances of this system, exploring the 

optimal structure of the RDRC terminal is a pivotal task. In this study, the mathematical 

and economic models of the RDRC terminal are established, and the mathematical 

model is validated with the experimental data. Then the impacts of the fin height, copper 

pipe diameter, copper pipe spacing as well as aspect ratio on thermal and economic 

performances of this system are investigated. Finally, the influencing degree of these 

factors and the optimal structure of this terminal are obtained. 

2. Mathematical model

2.1 Physical model 

Fig. 1 shows the schematic of the RDRC terminal, which consists of steel panels, 

copper pipes, water, fins and condensation collection plate. The flow passages are made 

of serpentine copper pipes with four parallel paths and are arranged at regular intervals 

in the steel panels. The copper pipes are filled with R410a refrigerant for its 

environmental friendliness. The vertical fins are attached to the steel panels to enhance 

heat transfer between the RDRC terminal and indoor environment. Water as the cold-

storage medium is sandwiched between copper pipes and steel panels. The weight of 

water is 10.9 kg. The water-injection hole and air-releasing hole are placed at the top 



of the RDRC terminal. The condensation collection plate is installed at the bottom to 

collect condensation water and then discharge it to outside through drain pipes. Fig. 2 

depicts the heat transfer resistance network between the RDRC terminal and indoor 

environment. During the test, the indoor air and interior surface of walls exchange heat 

with the steel panels and fins through radiation and natural convection, and then the 

heat is delivered to the water via heat conduction. Subsequently, the water transfers heat 

to the outer surface of copper pipes by heat conduction, and then to the inner surface of 

copper pipes by heat conduction as well. Finally, the heat taken from the inner surface 

of copper pipes is transferred to the refrigerant through heat convection.

Fig. 1. The schematic of the RDRC terminal.
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Fig. 2. The heat transfer resistance network between the RDRC terminal and indoor environment.

To simplify the mathematical model of the RDRT terminal, the following 

assumptions are considered as: (1) the cooling performance is investigated when the 

RDRT terminal reaches thermal equilibrium, therefore, a one-dimensional and steady-

state model is adopted; (2) the vertical channel of the RDRT terminal is made up of 

many concentric cylinders; (3) the water between copper pipes and steel panels is 

regarded as static; (4) the heat conduction in axial-direction of the refrigerant, copper 

pipes, water and steel panels is neglected; (5) indoor air temperature and wall 

temperature are evenly distributed. 



2.2 Heat transfer model of the RDRC terminal

2.2.1 Convective heat transfer of the refrigerant 

The cooling energies of the refrigerant in two-phase and gas-phase states, Qtwo-phase 

and Qgas-phase are calculated by Eq. (1) and Eq. (2):

   (0 < xi < 1) (1)two-phase r-out r-inl( )Q G I I  

   (xi = 1) (2)gas-phase g r-out r-inl )pQ c G t t   （

 (3)t two-phase gas-phase Q Q Q

 (4)r, rl, rg,(1 )i i i i iI x I x I    

where G is the refrigerant mass flow rate; Ir-inl and Ir-out are the inlet and outlet enthalpies 

of the refrigerant; cpg is the specific heat of the refrigerant in gas state; tr-inl and tr-out are 

the inlet and outlet temperatures of the refrigerant; Qt is the total cooling capacity; Irl 

and Irg are the enthalpies of the refrigerant in liquid and gas states; x is the vapor quality 

of the refrigerant, 0 < x < 1 represents the refrigerant in two-phase state and x = 1 

represents the refrigerant in gas state. 

2.2.2 Heat transfer between refrigerant and copper pipe

The heat transfer between refrigerant and copper pipe is composed of two sections: 



(a) heat transfer between refrigerant and inner surface of copper pipe, and (b) heat 

transfer between inner surface and outer surface of copper pipe. 

As the flow boiling heat transfer is composed of nucleation boiling and convection 

evaporation, the heat transfer coefficients of the refrigerant in two-phase and gas-phase 

states, hr-coi are formulated as [24]: 

         (0 < xi < 1) (5)r-coi l pb h Eh Sh

    (xi = 1) (6)g0.8 0.4
r-coi g g

r

0.023h Re Pr
D


 

where E is the enhancement factor; hl is the convective heat transfer coefficient of the 

refrigerant in liquid state; S is the suppression factor; hpb is the pool boiling heat transfer 

coefficient of the refrigerant; Reg and Prg are the Reynolds number and Prandtl number 

of the refrigerant in gas state; λg is the thermal conductivity of the refrigerant in gas 

state; Dr is the inner diameter of the copper pipe. The detailed expressions of these 

parameters are given in Appendix A.

The pressure drop models of the refrigerant in two-phase and gas-phase states, 

Δptwo-phase and Δpgas-phase can be formulated as [25]: 

    (0 < xi < 1) (7)2
two-phase l l  p p

       (xi = 1) (8)2
gas-phase g g  p p



where ϕl and ϕg are the multiplier factors of the refrigerant in liquid and gas states, 

which are calculated using Eq. (9) and Eq. (10); Δpl and Δpg are the pressure drops of 

the refrigerant in liquid and gas states, using Eq. (12) and Eq. (13): 
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where C is the constant of Lockhart and Martinelli parameter and B is the Chisholm 

parameter, which are both proposed by Chisholm [26]. ga is the acceleration of gravity; 

v is the superficial velocity of the RDRC terminal surface; frl and frg are the friction 

factors of the refrigerant in liquid and gas states; m is the mass velocity of the refrigerant. 

Therefore, the cooling energy between refrigerant and inner surface of copper pipe, 

Qr-coi is given by:

 (15)r-coi r r-coi r coi( )     Q D l h t t

where Δl is the length of control volume; tcoi is the temperature of the inner surface of 



copper pipe; tr is the temperature of the refrigerant.

The inner surface of copper pipe exchanges heat with the outer surface of copper 

pipe via heat conduction, and the cooling energy can be determined as: 

 (16)coi coo
coi-coo

coo

coi r

1 ln
2




t tQ D
D

where tcoo is the temperature of the outer surface of copper pipe; λcoi is the thermal 

conductivity of the copper pipe; Dcoo is the outer diameter of the copper pipe.

2.2.3 Heat transfer between copper pipe and steel panel

The heat transfer between copper pipe and steel panel consists of three components: 

(a) heat transfer between outer surface of copper pipe and water, (b) heat transfer 

between water and steel panel channel with copper pipe, and (c) heat transfer between 

steel panel channel with copper pipe and steel panel channel with water. All heat 

transfer mechanisms depend on heat conduction.

The cooling energy between outer surface of copper pipe and water, Qcoo-wa is 

defined as:



 (17)coo wa
coo-wa

wa

wa coo

1 ln
2




t tQ D
D

where twa is the temperature of the water; λwa is the thermal conductivity of the water; 

Dwa is the diameter of the water.

The cooling energy between water and steel panel channel with copper pipe, Qwa-

st is written as:

 (18)wa st
wa-st

st

st wa

1 ln
2




t tQ D
D

where tst is the temperature of the steel panel channel with copper pipe; λst is the thermal 

conductivity of the steel panel; Dst is the diameter of the steel panel channel with copper 

pipe.

The cooling energy between steel panel channel with copper pipe and steel panel 

channel with water, Qst-stk is described as:

 (19)st stk
st-stk st

se


  

t tQ A


where tstk is the temperature of the steel panel channel with water; δse and A are the 

thickness and cross-sectional area of the connection segment.



2.2.4 Heat transfer between steel panel and indoor space

The heat transfer between steel panel and indoor space is composed of five 

sections: (a) radiative heat transfer between steel panel and indoor space, (b) radiative 

heat transfer between fin and indoor space, (c) convective heat transfer between steel 

panel and indoor space, (d) convective heat transfer between fin and indoor space, and 

(e) convective heat transfer between fin-end and indoor space.

The radiative cooling energies between steel panel and indoor space, Qrad-st and 

Qrad-stk are given by [27]: 
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where Jst and Jstk represent the effective radiations of the steel panel channel with copper 

pipe and the steel panel channel with water; ε is the emissivity; σ is the Stefan-

Boltzmann constant; Xi,j is the angle coefficient; Qrad-st is the radiative cooling energy 

between steel panel channel with copper pipe and indoor space; Qrad-stk is the radiative 

cooling energy between steel panel channel with water and indoor space.



The radiative cooling energy between fin and indoor space, Qrad-fin is defined as 

[27]: 

   i = 1, 2,···n (22)

4
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where Jfin is the effective radiation of the fin; tfin is the temperature of the fin.

The convective cooling energies between steel panel and indoor space, Qconv-st and 

Qconv-stk can be expressed as:

 (23)air
conv-st air st st se

air

( ) ( 2)
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where hair is the natural convective heat transfer coefficient [28] and its expression is 

depicted in Appendix B; cp-air is the specific heat of air; Iair is the enthalpy of air; Ist is 

the enthalpy of the saturated air boundary layer on steel panel channel with copper pipe; 

Istk is the enthalpy of the saturated air boundary layer on steel panel channel with water. 

The convective cooling energy between fin and indoor space, Qconv-fin is formulated 

as:

 (25)air fin
conv-fin

2 ( ) ( ) 2 
  D

w

h I I th z lQ
b z

 (26)airwf

wf air

1   p

D w

c
h b h
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fin fin



Dhz

 

where hD is the conversion heat release coefficient of the air side on fin surface; Ifin is 

the enthalpy of the saturated air boundary layer on fin surface; bw is the simplified 

coefficient of air enthalpy; z is the shape parameter of the fin; δwf is the thickness of the 

water film; λwf is the thermal conductivity of the water film; λfin is the thermal 

conductivity of the fin; δfin is the thickness of the fin.

The convective cooling energy between fin-end and indoor space, Qconv-fe can be 

written as:

 (28)air
conv-fe air fe fe

air

( ) 2


    
p

hQ I I w l
c

where Ife is the enthalpy of the saturated air boundary layer on fin-end surface; wfe is the 

width of the fin-end.

2.3 Governing equations 

Fig. 2 depicts the control volumes along the refrigerant flow direction, which are 

divided into n sections and the length of each control volume is Δl. Based on the finite 

volume method, the governing equations for i node are established, as follows:



Fig. 2. Sketch of control volumes of the RDRC terminal.

For the refrigerant:

  (0 < xi < 1) (29)two-phase, r-coi, 0 i iQ Q

     (xi = 1) (30)gas-phase, r-coi, 0 i iQ Q

For the inner surface of copper pipe:

 (31)r-coi, coi-coo, 0 i iQ Q

For the outer surface of copper pipe:

 (32)coi-coo, coo-wa, 0 i iQ Q

For the water:

 (33)coo-wa, wa-st , 0 i iQ Q



For the steel panel channel with copper pipe:

 (34)wa-st , rad-st , rad-fin, conv-st , conv-fin, conv-fe, st-stk, 0i i i i i i iQ Q Q Q Q Q Q      

For the steel panel channel with water:

 (35)st-stk, rad-stk, rad-fin, conv-stk, conv-fin, conv-fe, 0i i i i i iQ Q Q Q Q Q     

2.4 Economic model 

Initial cost is a crucial indicator to evaluate the economic performance of the 

RDRC terminal, as well as constrained condition for structural optimization. The initial 

cost (IC) of the RDRC terminal consists of copper pipes cost (ICco), steel panels cost 

(ICst), fins cost (ICfin) and labor expense (ICle), using Eq. (36). The prices of copper 

pipes with various diameters are different, which are listed in Table 1. Other material 

prices and labor expense are also exhibited in Table 1.

 (36)co st fin le=   IC IC IC IC IC

Table 1. The initial cost of the RDRC terminal.

Category Copper pipe 
Steel 

panel
Fin

Labor

expense

Outer diameter (mm)
Dimension

4.0 5.0 6.35 8.0 9.52 10.0 12.0 14.0
/ / /



Unit Cost 0.5 0.9 1.0 1.5 1.6 2.1 2.3 3.5 3.8 0.8 15.1

Unit $∙m-1 $∙m-2 $∙m-2 $

2.5 Simulation steps 

Based on the above mathematical and economic models, the thermal and economic 

performances of the RDRC terminal are analyzed with different structural parameters 

using the Python environment. The simplified calculation flowchart is depicted in Fig. 

3 and the detailed version is shown in Appendix C. The operating parameters of the 

refrigerant mass flow rate G, refrigerant temperature tr, refrigerant pressure pr, indoor 

air temperature tn, indoor relative humidity , airflow velocity v and inlet enthalpy of 

the refrigerant Ir, as well as structural parameters of the RDRC terminal including total 

heat transfer area At, outer diameter of the copper pipe Dcoo, copper pipe spacing Lsp and 

fin height Hfin are known. The calculation process is as follow: (i) input operating 

parameters and structural parameters, and then calculate the initial cost of the RDRC 

terminal IC; (ii) give an initial value of tstk′, and calculate the cooling capacity between 

steel panel channel with copper pipe and steel panel channel with water Qst-stk,i; (iii) 

calculate the temperature of the steel panel channel with copper pipe tst,i and the cooling 

capacity of the refrigerant Qtwo-phaes,i (Qgas-phaes,i), and then determine the flow state of 



the refrigerant xi (tr,i); (iv) calculate the temperature of the steel panel channel with water 

tstk,i using iteration method until the convergence condition is satisfied, then calculate 

until i=n and output all values of the tcoi, tcoo, twa, tst, tstk and pr; (v) input different 

structural parameters and repeat these steps.



Start

Input operating parameters 

Input structural parameters: 
Dcoo, Lsp and Hfin

Calculate Qst-stk,i, tst,i using 
equations (35) and (19)

Calculate heat transfer coefficients hr-coi,i (0<xi<1) and 
pressure drop                using equations (5),(7),(9)-(14)two-phase,ip

End

Give an initial value of    stkt 

0 1?ix 

Calculate tcoi,i, tcoo,i, twa,i, tst,i, tstk,i using 
equations (15)-(19)

gas-phase,ip

Yes No

Yes

Enter two-phase region: Enter gas-phase region:

Input total heat transfer area At

Determine the length of copper pipes Lco
and calculate copper pipes cost ICco

No

Economic model:

i=i+1   

Calculate Ir,i, pr,i and tr,i

Until i=n

Output all values: tcoi, tcoo, 
twa, tst, tstk, pr  and IC

Calculate heat transfer coefficients hr-coi,i (xi=1) and 
pressure drop                using equations (6),(8),(9)-(14)

Calculate tcoi,i, tcoo,i, twa,i, tst,i, tstk,i using 
equations (15)-(19)

Calculate the area of steel panels  Ast
and steel panels cost ICst

Calculate the area of fins  Afin and 
fins cost ICfin

Calculate total initial cost IC using 
equation (36)

stk, stk 0.01it t t    

stk stkt t 

gas-phase,ip

Calculate xi (tr,i) using 
equations (1), (2), (4)

Calculate Qwa-st,i, Qtwo-phase,i
(Qgas-phase,i) using equations 

(29) - (33)

Fig. 3. The simplified calculation flowchart of the RDRC terminal.



3. Experimental system

3.1 System description

The experiments are conducted in a climatic chamber which are composed of 

outdoor-environmental chamber and indoor-environmental chamber, as shown in Fig. 

4. The thermal environments of both chambers can be maintained by their independent 

control air-conditioning systems. A constructed test room is built in the indoor-

environmental chamber to avoid forced convection, with the dimension of 3500 mm 

(Length) × 3500 mm (Width) × 2500 mm (Height). The RDRC system consists of a 

compressor, a condenser, a sub-cooler, an electronic expansion valve and the RDRC 

terminal (evaporator). During the test, the refrigerant is compressed into the high 

pressure and high temperature states by the compressor and then sent to the condenser. 

After that, the refrigerant is passed through the sub-cooler and throttled by the electronic 

expansion valve, and then evaporated by the RDRT terminal. Finally, the refrigerant 

flows back into the compressor for a new cycle. The refrigerant at the inlet of the RDRC 

terminal is two-phase state with the vapor quality of 0 ~ 1, and at the outlet is overheated 

state with the vapor quality of 1. In the experiments, the temperature and relative 

humidity of the test room are controlled within 22 ~ 30 oC and 50%. The inlet and outlet 



temperatures and pressures of the RDRC terminal and condenser, refrigerant mass flow 

rate, indoor air temperature, relative humidity and airflow velocity are recorded. The 

measuring instruments and accuracies are listed in Table 2. The cooling capacity of the 

RDRT terminal can be calculated according to Eq. (37):

 (37)t out inl= ( )Q G I I 

where Iinl and Iout are the inlet and outlet enthalpies of the RDRT terminal, which are 

obtained by the measured temperature and pressure. 

The uncertainties of the experimental results are determined as follows [29]:
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where  is the uncertainty of ,  is the maximum error of instrument, k is the xiu ix ie

coverage factor which is taken as , and  is the uncertainty of . The 3 yu xiu

uncertainties of t, p, G, , v and Qt are 1.2%, 5.8%, 1.2%, 2.3%, 3.5% and 2.8%, 

respectively.



Fig. 4. Schematic diagram of the RDRC system.

Table. 2 Detailed specifications of instruments.

Measured parameter Instrument Full scale Accuracy

temperature copper-constantan thermocouple -50 – 150 oC ± 0.5 oC

pressure pressure transmitter 0 – 45 bar 0.1% FS

refrigerant mass flow 

rate
mass flowmeter 0 – 100 kg· h-1 ± 0.02 kg· h-1

relative humidity testo humidity sensor 2 – 98% RH ± 2% RH

airflow velocity TSI-Q-Trak 0 – 40 m· s-1 ± 0.02 m· s-1

3.2 Performance analysis of the system

Taking the evaporating temperature of 14 oC, the indoor air temperature of 28 oC 

and relative humidity of 50% as typical condition, the operating characteristics of the 



RDRC system in the steady period are investigated in Fig. 5. It can be found that the 

evaporating temperature is approximately 0.6 oC lower than the water temperature and 

1.5 oC lower than the RDRC terminal surface temperature. This is attributed to the 

existence of the water between copper pipes and steel panels. The average temperature 

of the RDRC terminal surface is 15.5 oC, within a fluctuation merely ±0.2 oC, which 

indicates that the temperature distribution of the RDRC terminal surface is homogenous. 

The temperature difference between fin-base and fin-end is around 1 oC. The fluctuation 

range of condensing temperature is 39.9 oC ~ 40.3 oC, the range of refrigerant mass 

flow rate is 4.08×10-3 ~ 4.12×10-3 kg·s-1, and the range of water condensation rate is 4.7 

×10-5~ 5.1×10-5 kg·s-1. During the operation, the indoor air temperature remains 27.9 

oC consistently, illustrating that the RDRC system has excellent stability.
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Fig. 5. The operating characteristics of the RDRC system.



Fig. 6 shows the effects of evaporating temperature and indoor air temperature on 

thermal performance of the RDRC terminal. With the increase of the indoor air 

temperature, the RDRC terminal surface temperature ascends. It can be ascribed that 

the difference between evaporating temperature and indoor air temperature rises, and 

the evaporation rate of refrigerant goes up, and then the refrigerant outlet superheat 

increases. Meanwhile, the refrigerant outlet temperature is improved, leading to the 

enhancement of the RDRC terminal surface temperature. Besides, the RDRC terminal 

surface temperature shows an increasing trend when the evaporating temperature varies 

from 6.1 oC to 14.2 oC. This is attributed to the improvement of the copper pipes 

temperature and the water temperature. When the evaporating temperature remains a 

certain value, the maximum difference between the RDRC terminal surface temperature 

and evaporating temperature is not exceed 3.1 oC, indicating that the heat transfer 

resistance of the RDRC terminal is petty. Furthermore, the horizontal radiation 

asymmetry of the RDRC system is depicted in Fig 6. It can be found that the PDs 

descend with the rise of the evaporating temperature due to the reduction of the 

difference between the mean radiant temperature of interior wall with RDRC terminal 

and the mean radiant temperature of the opposite wall. The maximum PD value is 0.6 

under the condition of the evaporating temperature with 6.1 oC and indoor air 



temperature with 30 oC, which can meet the thermal comfort level of Class A (less than 

5) [30]. Therefore, it can be concluded that the RDRC system is acceptable to occupants 

in terms of horizontal radiation asymmetry.

Fig. 6. Temperature distribution and horizontal radiation asymmetry of the RDRC system.

3.3 Model validation 

The structural parameters of the RDRC terminal are listed in Table 3. The 

comparisons of the measured data and simulated results of the RDRC system are 

presented in Table 4. Cases 1 ~ 5 reflect the thermal performance of this system at 

different evaporating temperatures, under the indoor air temperature of 26 oC. Cases 6 

~ 10 and Cases 11 ~ 15 reflect its thermal performance under the indoor air temperature 

of 28 oC and 30 oC. It can be observed that the mean and maximum deviations of the 



refrigerant outlet temperature are 0.4 oC and 0.7 oC, and 0.6 oC and 1.1 oC for the mean 

surface temperature of the RDRC terminal. The relative errors of the refrigerant outlet 

pressure and the total cooling capacity of this system are 0.8% ~ 7.9% and 0.1% ~ 0.7%, 

respectively. All the deviation values are acceptable, which indicates that the 

constructed mathematical model can accurately evaluate the thermal performance of 

the RDRC system.

Table 3. The structure parameters of the RDRC terminal.

Parameters
Dimension

(mm)
Parameters

Dimension 

(mm)

RDRC terminal length 2000.0 inner diameter of copper pipe 5.35

RDRC terminal width 100.0 outer diameter of copper pipe 6.35

RDRC terminal height 900.0 fin length 30.0

copper pipe length 60000.0 fin spacing 10.0

copper pipe spacing 60.0 fin thickness 1.0



Table 4. Measured data and simulated results of the RDRC system.

Case
tn

(oC)

te

(oC)

G

(×10-3 

kg∙ s-1)

pr-inl

(×106 Pa)

tr-inl

(oC)

pr-out,test

(×106 Pa)

pr-out,sim

(×106 Pa)

tr-out,test

(oC)

tr-out,sim

(oC)

tm,test

(oC)

tm,sim

(oC)

Qt-test

(W)

Qt-sim

(W)

1 26.0 14.0 13.1 1.24 14.9 1.20 1.21 17.4 18.0 16.9 17.5 2186.4 2184.9

2 26.0 12.1 13.6 1.19 13.4 1.12 1.15 17.1 17.2 16.0 16.3 2288.5 2283.2

3 26.0 10.2 14.2 1.13 12.0 1.05 1.08 16.7 16.9 14.9 15.3 2379.9 2382.1

4 26.0 8.1 14.7 1.08 10.4 0.97 1.02 16.1 16.4 13.8 14.5 2471.7 2469.2

5 26.0 6.1 15.3 1.03 8.8 0.90 0.96 15.4 15.6 12.7 13.6 2574.6 2567.2

6 28.0 14.0 13.2 1.24 14.8 1.20 1.21 19.0 19.5 17.6 18.1 2229.6 2237.6

7 28.0 12.0 13.7 1.18 13.3 1.12 1.14 18.5 18.9 16.6 17.0 2322.8 2331.4

8 28.0 10.0 14.4 1.13 11.5 1.04 1.08 18.1 18.4 15.6 16.1 2441.9 2445. 6

9 28.0 8.1 14.9 1.08 10.7 0.97 1.02 17.7 17.8 14.7 15.2 2528.5 2512.8

10 28.0 6.1 15.4 1.03 8.9 0.90 0.96 17.1 17.8 13.6 14.7 2602.6 2611.9

11 30.0 14.2 13.4 1.25 15.1 1.20 1.21 21.3 21.5 18.7 19.3 2292.9 2303.0

12 30.0 12.0 14.2 1.19 13.2 1.11 1.14 20.7 20.8 17.7 18.1 2423.1 2426.1

13 30.0 10.0 14.7 1.13 11.8 1.04 1.08 20.3 20.9 16.9 17.4 2509.6 2527.2

14 30.0 8.1 15.1 1.08 10.4 0.97 1.02 19.7 20.1 16.2 16.5 2591.9 2604.8

15 30.0 5.9 15.4 1.03 8.8 0.89 0.96 18.3 19.0 14.6 15.2 2623.9 2638.6



4. Results and analysis

4.1 Performance analysis of the RDRC terminal

When the surface area of the RDRC terminal keeps constant at the value of 25.2 

m2, the effects of different structural parameters including fin height, copper pipe 

diameter and copper pipe spacing on thermal and economic performances of this system 

are investigated. Then the length of copper pipes is regulated to meet the requirements 

of different structure conditions of this terminal. The operating parameters are remained 

as: 

G = 1.67 ×10-2 kg∙ s-1, tr = 12 oC, pr = 1.1×106 Pa, tn = 26 oC,

φ = 60%, v = 0.2 m∙ s-1, Ir = 2.6×105 J∙ kg-1, Δl=0.05

4.1.1 Effect of the fin height

When the copper pipe diameter Dcoo is 6.0 mm and copper pipe spacing Lsp is 60.0 

mm, the effect of the fin height Hfin on thermal performance of the RDRC terminal is 

illustrated in Fig. 7. With the increase of the Hfin, the cooling capacity for per exterior 

area Qea improves rapidly then slowly. On the contrary, the length of the copper pipes 

Lco, the mean surface temperature of the RDRC terminal tm and the fin efficiency ηfin 

are diminished. The Qea varies from 808.9 W to 1390.5 W due to the decrease of the tm, 



leading to the enhancement of the heat transfer between the RDRC terminal surface and 

indoor environment. The tm descends from 16.9 oC to 14.1 oC, which is ascribed that 

the Lco decreases, and the refrigerant outlet overheat mitigates, resulting in the reduction 

of the refrigerant outlet temperature. The ηfin drops from 94.6% to 63.8% due to the 

increment of the mean surface temperature of the fin. With regard to Fig. 8, the pressure 

drop of the refrigerant Δpr shows a trend of declining first and then flattening with the 

rise of the Hfin as for the diminution of the Lco. The economic performance of the RDRC 

terminal with different Hfin is also exhibited in Fig. 8. It is found that the IC varies from 

187.6 $ to 114.5 $ because the change rate of the ICco is superior to the ICfin, indicating 

that the ICco plays a prominent role in the IC. When the Hfin is larger than 40.0 mm, the 

Hfin has an insignificant influence on the Qea. Besides, the Qea cannot meet the 

requirements for occupants under the condition of the Hfin with 10.0 mm ~ 20.0 mm. 

Therefore, it is advisable to set the Hfin within the range of 20.0 mm ~ 40.0 mm for 

optimizing the structural parameters of the RDRC terminal.
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Fig. 7. Effect of the Hfin on thermal performance of the RDRC terminal.
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4.1.2 Effect of the copper pipe diameter

Under the condition of the Lsp with 60.0 mm and Hfin with 30.0 mm, the variation 

trends of the thermal performance of the RDRC terminal with the Dcoo are depicted in 

Fig. 9. With the rise of the Dcoo, both the Qea and Lco are descended, while the tm ascends 

significantly. The Qea decreases from 1438.3 W to 1152.5 W when the Dcoo varies from 

5.0 mm to 14.0 mm. It is attributed to the reduction of the Lco that varies from 61.2 m 

to 53.6 m. The tm increases from 16.6 oC to 17.3 oC since the surface area of the copper 

pipes raises, and the convective heat transfer between refrigerant and copper pipes 

descends, and then the copper pipes temperature increases, resulting in the depression 

of the heat transfer between copper pipes and RDRC terminal surface. As shown in Fig. 

10, with the increase of the Dcoo, the Δpr drops rapidly then slowly due to the mitigation 

of the refrigerant flow rate in copper pipes. The effect of the Dcoo on economic 

performance of the RDRC terminal is also illustrated in Fig. 10. With the increase of 

the Dcoo, the IC elevates dramatically and its average growth rate is 9.3% as for the 

improvement of the ICco. When the Dcoo is larger than 7.0 mm, the Qea decreases 

gradually while the IC is increasing continuously with uneconomical performance. 

Therefore, the Dcoo of the 5.0 mm ~ 7.0 mm is a good choice for optimizing structural 

parameters of the RDRC terminal. 
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Fig. 9. Effect of the Dcoo on thermal performance of the RDRC terminal.
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Fig. 10. Effect of the Dcoo on economic performance of the RDRC terminal.

4.1.3 Effect of the copper pipe spacing

Figs. 11 and 12 present the changes of the thermal and economic performances of 



the RDRC terminal with different Lsp, given that the Dcoo remains 6.0 mm and Hfin 

remains 30.0 mm. With the increase of the Lsp, the Qea, Lco and Δpr decreases, while the 

tm ascends slightly. When the Lsp ascends from 40.0 mm to 100.0 mm, the tm varies from 

16.7 oC to 16.9 oC. This can be explained by the increment of the steel panel areas and 

the reduction of the temperature difference between refrigerant and steel panels. The 

Qea descends since the tm improves and the exterior area of the RDRC terminal enhances. 

The variation of the Δpr is within the range of 6.8×104 Pa ~ 3.9×104 Pa due to the 

reduction of the Lco (66.4 m ~ 50.4 m). In addition, the IC reveals a decline trend, which 

can be ascribed that the decline degree of the ICco is higher than the growth degree of 

the ICst in spite of the enhancement of the steel panel areas. In order to provide enough 

cooling capacity of the RDRC terminal, the Lsp with 40.0 mm ~ 80.0 mm is selected for 

structural optimization.
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Fig. 11. Effect of the Lsp on thermal performance of the RDRC terminal.
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Fig. 12. Effect of the Lsp on economic performance of the RDRC terminal.

4.2 Optimal design of the RDRC terminal

Orthogonal design is a scientific method to deal with multi-factor experiments, 

which adopts the standardized orthogonal table for arranging the test reasonably [31]. 

With this method, it is beneficial to reduce test times and judge superior conditions and 

can grasp the test results more comprehensively and systematically through statistical 

analysis and then determine the optimum schemes [32]. In this study, the structural 

parameters of the RDRC terminal are optimized by orthogonal design method. Based 

on the aforementioned analysis, the structural parameters of the Hfin, Dcoo and Lsp have 

great significances on thermal and economic performances of the RDRC terminal. 



Hence, these variables are taken as impact factors and their corresponding levels are 

exhibited in Table 5. The standard orthogonal table of L9 (34) is selected since each 

factor contains three levels. The cooling capacity for per exterior area of the RDRC 

terminal Qea is considered as objective function and the IC < 121.1 $ is taken as 

constraint condition.

Table 5. Factors and corresponding levels list of orthogonal test. 

Factor levels
A

Hfin (mm)

B

Dcoo (mm)

C

Lsp (mm)

1 20.0 5.0 40.0

2 30.0 6.0 60.0

3 40.0 7.0 80.0

The optimal results of orthogonal test are illustrated in Table 6. The range R′ value 

of the Lsp is the largest, the range R′ value of the Hfin is the second, and range R′ value 

of the Dcoo is the smallest. It is indicated that the influencing degree of these factors is 

as follow: Lsp > Hfin > Dcoo. Test 8 shows the best thermal performance of the RDRC 

terminal: the Hfin is 40.0 mm, the Dcoo is 6.0 mm, the Lsp is 40.0 mm and the Qea attains 

2199.1 W∙ m-2. Correspondingly, Test 3 shows the worst thermal performance of the 

RDRC terminal: the Hfin is 20.0 mm, the Dcoo is 7.0 mm, the Lsp is 80.0 mm and the Qea 

is merely 906.6 W∙ m-2. According to the calculation and analysis of orthogonal test, 

the optimal level of the structural parameters is the Hfin with 30.0 mm, the Dcoo with 5.0 



mm and the Lsp with 40.0 mm (A2B1C1). However, the Qea of the optimal level is 1986.7 

W∙ m-2, which is less than the Test 8. While the IC of the optimal level is higher than 

the Test 8, with a fluctuation 7.2 $. Therefore, considering the thermal and economic 

performances of the RDRC terminal, the structural parameters of the Hfin with 40.0 mm, 

the Dcoo with 6.0 mm and the Lsp with 40.0 mm can be adopted in future application.

Table 6. Test results analysis of orthogonal design method.

A B C
Objective 

function

Constraint 

condition
Test 

number Hfin (mm) Dcoo (mm) Lsp (mm) Qea (W∙ m-2) IC ($)

1 1 (20.0) 1 (5.0) 1 (40.0) 1583.6 135.5

2 1 (20.0) 2 (6.0) 2 (60.0) 1129.7 140.9

3 1 (20.0) 3 (7.0) 3 (80.0) 906.6 154.2

4 2 (30.0) 1 (5.0) 2 (60.0) 1431.9 113.7

5 2 (30.0) 2 (6.0) 3 (80.0) 1077.0 119.9

6 2 (30.0) 3 (7.0) 1 (40.0) 1784.2 138.3

7 3 (40.0) 1 (5.0) 3 (80.0) 1296.2 101.4

8 3 (40.0) 2 (6.0) 1 (40.0) 2199.1 106.6

9 3 (40.0) 3 (7.0) 2 (60.0) 1510.8 119.8

K1 3619.9 4311.7 5566.8 / /

K2 4293.1 4405.8 4072.4 / /

K3 5006.1 4201.6 3279.8 / /

k1 1206.6 1437.2 1855.6 / /

k2 1431.0 1468.6 1357.5 / /

k3 1668.7 1400.5 1093.3 / /

R′ 462.1 68.1 762.3 / /

Optimal 

level
A2 B1 C1 1986.72 113.8

Order C > A > B / /



4.3 Comparisons of different aspect ratio

Based on the optimal structural parameters and the length of the copper pipes in 

Test 8, the calculated exterior area of the RDRC terminal is 1.26 m2. In order to 

investigate the effect of the aspect ratio L/H on thermal and economic performances of 

this terminal, different structural forms of the L/H with 0.56, 0.88, 1.56 and 3.50 are 

designed, as shown in Fig. 13. The operating parameters are unchanged and the 

comparison results of different aspect ratios are depicted in Fig. 14. It can be found that 

with the increase of the L/H, the Qea decreases with the drop rate of 5.5%, which is 

attributed to the reduction of the Lco. Correspondingly, the IC is declined as well. Type 

A presents the best thermal performance; however, the IC (125.1 $) is larger than the 

constraint condition. Thus, type B is a more preferable choice considering the thermal 

and economic performances of the RDRC terminal. From the perspective of thermal 

comfort, the RDRC terminal with higher height is conductive to exchange heat with 

indoor environment sufficiently due to the sinking of cold air. Therefore, the RDRC 

terminal with type B can create a more comfortable indoor thermal environment than 

the RDRC terminal with type C and D. 



type A

(L×H : 840×1500 mm   L/H = 0.56)

type B

(L×H : 1050×1200 mm   L/H = 0.88)

type C

(L×H : 1400×900 mm   L/H = 1.56)

type D

(L×H : 2100×600 mm   L/H = 3.50)

Fig. 13. The RDRC terminal with different aspect ratios.
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5. Discussion

The proposed RDRC system provides cooling by the combination of radiation and 

natural convection, and the total cooling capacity of the optimal structure is 2964.8 W 

at the indoor air temperature of 26 oC and relative humidity of 60%. Regarding to the 

fan coil system which depends on forced convection only, and its cooling capacity is 

3520 W under the same condition [33]. It indicates that the RDRC system is inferior to 

the fan coil system in terms of cooling performance. However, the RDRC system has 

its own superiority on indoor thermal comfort due to its no draught sensation and fan 

noise, which exhibits widely promising applications. 

6. Conclusion

To conquer the defects of split air-conditioners and radiant cooling systems, a 

novel RDRC system is proposed in this paper. Experiments are conducted to evaluate 

the thermal performance of this system. The mathematical and economic models of the 

RDRC terminal are developed and the mathematical model is validated with the 

experimental results. The impacts of the structural parameters including fin height, 

copper pipe diameter, copper pipe spacing and aspect ratio on thermal and economic 



performances of this terminal are investigated. Based on the orthogonal design method, 

the sequencing of the impact factors and the optimal structure of this terminal are 

obtained. The main conclusions are given as follows: 

(1) During the stable period, the average temperature of the RDRC terminal surface is 

15.5 oC, within a fluctuation merely ±0.2 oC, which indicates that the temperature 

distribution of this terminal surface is quite homogenous and this system has the 

potential of creating stable thermal environment. Besides, the RDRC system has the 

characteristics of independent dehumidification and the mean water condensation rate 

of this terminal is 4.9×10-5 kg·s-1.

(2) The constructed mathematical model is validated to be reliable and can accurately 

evaluate the thermal performance of the RDRC system. The relative errors of the 

refrigerant outlet temperature and pressure, the RDRC terminal surface temperature and 

the total cooling capacity of this system are 0.5% ~ 4.1%, 0.8% ~ 7.9%, 1.9% ~ 8.1% 

and 0.1% ~ 0.7%, respectively.

(3) The impact degree of three factors is copper pipe spacing, fin height and copper 

pipe diameter in turns. When the surface area of the RDRC terminal keeps 25.2 m2, the 

optimal structure of this terminal is the fin height with 40.0 mm, the copper pipe 

diameter with 6.0 mm and the copper pipe spacing with 40.0 mm.



(4) The aspect ratio means the ratio of length to width of the RDRC terminal. When 

the aspect ratio varies from 0.56 to 3.50, both the cooling capacity for per exterior area 

and initial cost of this terminal are decreased. In view of the thermal and economic 

performances of the RDRC terminal, type B (aspect ratio with 0.88) is the optimal 

structure. 
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Appendix A

Regarding to the convective heat transfer coefficient of the refrigerant, hl can be 

calculated by Chen [34], and hpb is derived from the formula as presented by Cooper 

[35]:
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where Rel and Prl are the Reynolds number and Prandtl number of the refrigerant in 

liquid state; λl is the thermal conductivity of the refrigerant in liquid state; q is the heat 

flux of the refrigerant; p and pc are the pressure and critical pressure of the refrigerant; 

M is the molecular weight of the refrigerant; Bo is the boiling number; Xtt is the 

Martinelli parameter; μl and μg are the dynamic viscosities of the refrigerant in liquid 

and gas states; cpl is the specific heat of the refrigerant in liquid state; Δhlv is the latent 

heat of vaporization; ρl and ρg are the densities of the refrigerant in liquid and gas states.

Appendix B

The natural convective heat transfer coefficient between steel panels and indoor 

space, hair can be determined as:
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where Nu is the Nusselt number of natural convection; λair is the thermal conductivity 

of air; Gr is the Grashof number of air; Pr is the Prandtl number of air; α is the volume 

expansion coefficient; Δt is the temperature difference between air and steel panels; ν 

is the kinematic viscosity of air; μ is the dynamic viscosity of air.
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Fig. 3. The detailed calculation flowchart of the RDRC terminal.
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Highlights: 

1) A novel refrigerant-direct radiant cooling system is proposed.

2) The temperature distribution of the RDRC terminal surface is homogenous.

3) The mathematical and economic models of this terminal are established.

4) The sequencing of impact factors and the optimal structure are obtained.
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