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Abstract
Ice coverage in the Arctic is declining, opening up new shipping routes which can drastically reduce voyage lengths
between Asia and Europe. There is also a drive to improve ships energy efficiency to meet international emissions
design regulations such as the mandated Energy Efficiency Design Index. The organic Rankine cycle is one
thermodynamic cycle that is being actively examined to improve the design and operational efficiency of ships.
Low heat sink temperatures can significantly increase waste heat recovery systems thermal efficiency. In Arctic
regions, the ambient air temperature can be much lower than the sea temperature, presenting interesting
opportunities. However, using air as the cooling medium requires larger condensers and power compared to a
water-cooled system.
This paper investigates the exploitation of the forward movement of a container ship navigating in the Arctic and
density-change induced flows as means of moving air through the condenser to reduce the fan power required.
The organic Rankine cycle unit uses the waste heat available from the scavenge air to produce electric power. A
two-step optimisation method is used with the objective of minimising the annual CO2 emissions of the ship. The
results suggest that the supportive cooling could reduce the fan power by up to 60%, depending on ambient air
temperature.
Keywords: Shipping; Arctic; Efficiency; CO2 emission reductions; Air-cooling; Waste heat recovery systems;
organic Rankine cycle.
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1. Introduction
Recent studies show that ice coverage in the Arctic has been constantly declining [1,2] and suggest
that it will continue to do so [3,4]. For shipping this opens up new routes which can drastically reduce
voyage lengths between Asia and Europe. Schøyen and Bråthen [5] indicated a distance reduction of
37% when switching the Yokahama-London route from via the Suez canal to via the Arctic. Melia et al.
[6] have used a selection of global climate models to predict Arctic sea ice reduction and anticipate the
resulting increased opportunities for shipping in the region. In August 2017, the ice class Liquefied
Natural Gas (LNG) carrier “Christophe de Margerie”, completed her first voyage from Siberia to South
Korea without the aid of an ice breaker [7]. She is the first of a fleet of 15 ships.
There is also a drive to improve the energy efficiency of ships to meet international emissions design
regulations such as the International Maritime Organization (IMO) Energy Efficiency Design Index
(EEDI). The EEDI entered into force on the first day of 2013 and is the only energy-efficiency measure
that is legally binding across an entire global industry, applying to all countries [8]. Waste heat recovery
systems (WHRS) is one efficiency measure that is actively being examined to improve ship propulsion
efficiency and hence help ships satisfy their EEDI requirement [9].
Waste heat recovery systems have been identified as one of the most important technologies for
reducing ships’ fuel consumption and CO2 emission [10]. Heat from the main engine exhaust gas is
normally used to cover the steam demand and, when possible, produce mechanical or electrical power
[11]. However, in Arctic operations, the increased on board heating demand precludes the use of an
exhaust gas WHRS [12], leaving as an alternative waste heat candidate the engine charge air heat.
From Figure 1, a waste heat boiler (WHB) extracts the available exhaust gas waste heat to produce
steam which maintains operational temperatures for the ship’s equipment when navigating in cold
climates [13]. Looking at the turbocharger compressor, ambient air is compressed – using the wasted
energy available in the exhaust gas flow via the turbocharger turbine – in order to increase the amount
of air available for combustion inside the cylinder and increase its specific power output [14]. Due to the
compression work, the incoming air increases its temperature and volume which reduces the mass of
air entering the engine cylinder. To increase the amount of air mass, the charge air temperature is
reduced via an air cooler before the engine intake manifold. The charge air waste heat represents about
17% of the fuel energy [14], and by substituting the air cooler for a WHRS boiler the waste heat could
be reutilised to produce power on board.
Mito et al. [15] calculated that by using the waste heat from the scavenge air in conjunction with the
exhaust waste heat in a steam Rankine cycle, it is possible to save up to 1563 t of heavy fuel oil (HFO)
per year if the main engine is constantly operated at its maximum continuous rating. These fuel savings
represent an improvement in fuel consumption of 9.9% from the same ship without any WHRS installed.
Charge air temperatures at design conditions are generally between 130˚C and 150˚C [16], but when
considering the whole range of engine loading and ambient air temperatures, the range can be between
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60˚C up to 200˚C as seen in MAN Diesel and Turbo [17]. This range of waste heat operating
temperatures is suitable for Organic Rankine Cycle (ORC) units [18–20]. The use of the scavenge air
waste heat has been explored by Suárez de la Fuente et al. [21] where the waste heat usage allowed
a container ship to be in compliance with the EEDI regulation. Kalikatzarakis & Frangopoulos [22] used
an ORC unit to take advantage of a ship main engine scavenge air waste heat in conjunction with other
waste heat sources, with the WHRS manage to saving 1,050 t of CO 2. Shu et al. [23] performed a
thermo-economic study of a marine ORC unit using the available waste heat for the main engine
exhaust gas and also they considered the condenser’s design and performance impact. Integrating the
operational profile to the design process, they calculated that an ORC unit using R123 as the working
fluid would bring the largest cost-benefit for a containership, since it can operate at the fastest speed
and with a waste heat temperature of 315°C, while R365mfc is more suitable to tankers and bulk
carriers. An important point to highlight is that R123 and R365mfc are hydrochlorofluorocarbons and
hydrofluorocarbons respectively. These refrigerants are soon to be phased out by the Montreal Protocol
due to their high Global Warming Potential [24,25].

Figure 1. A common marine main engine layout using a charge air cooler and a WHB.

The cold Arctic air represents an opportunity for reduced heat sink temperatures and increased WHRS
efficiencies. Drawbacks are large air mass flow rates, fan power input and heat transfer areas due to
air low heat transfer coefficient and specific heat [12]. There exists potential to reduce the fan power
consumption by using the ship forward movement and passive ventilation designs, as seen in landbased buildings and road vehicles [26,27]. Gil-Baez et al. [28] performed an experimental test on two
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buildings comparing the effectiveness of air renewal between mechanical and natural ventilation
strategies. The authors demonstrated that by using natural ventilation strategies, between 18-33% of
energy could potentially be saved. Hiyama and Glicksman [29] studied the target air change rate for
natural ventilation where occupant thermal comfort is starting to reach its maximum value. This
approach supports early-design stages to optimise energy performance and cost-effectiveness of
projects. Medved et al. [30] proposed a numerical algorithm for optimisation of free-cooling system with
night-time ventilation. The authors considered a weather predicted control to achieve highest possible
efficiency proving the energy performance advantages of natural ventilation over mechanical strategies
(despite the constraint on air exchange rate due to the use of a passive system).
Considering the various approaches to passive ventilation when applied to ORC applications, the
simplest approach is to arrange the heat exchangers on the open deck. This is not uncommon for landbased cooling in thermal power plants and air conditioning, where ground or roof space is available
(Figure 2A). However, in the marine application, the attractiveness of this concept is limited by; the
need to handle a wide range of apparent wind directions; the additional maintenance load involved in
supporting exposed upper deck equipment; competition for upper deck space (and interference with
other activities); and the subsequent location of the heat exchangers in the decelerated and turbulent
flow close to the deck, which may reduce the air flow rates. Cooling towers may occupy less deck space,
but have limitations; for example, Wang et al. [31] investigated the cooling performance of a natural
draft cooling tower at various wind speeds using Computational Fluid Dynamics modelling. The authors
demonstrated that in order to increase ventilation rates by 36% at high wind speeds when crosswind is
present, a windward opening was necessary. Windscoops can rotate into the wind (Figure 2B) and is
an established method [32] of increasing ventilation below-decks on ships and in low-energy buildings.
Being raised above the deck, they may experience higher wind speeds, but do necessitate long ducts,
with multiple changes in direction, causing frictional losses and reducing performance.
More sophisticated wind catchers and wind towers (Figure 2C) can use the pressure differential on the
windward and leeward sides of a structure to generate an internal airflow. These have seen extensive
use in land based applications, with the aim of exploiting ambient wind conditions to drive building
ventilation. These can also be combined with thermal systems using the chimney or stack effect – where
warm internal air rises up a chimney, so creating a natural draft [33]. Appropriately shaped devices can
use external airflow to increase the updraft in chimneys (Figure 2D). These can take the form of Venturishaped devices, which cause significant reductions in the local air pressure over the top of the chimney
or ventilation stack, so increasing draft [34]. Again, these can be combined with other techniques and
are being investigated for use in low-energy buildings.
The aim of this paper is to investigate the reduction of the parasitic fan power requirements of an aircooled condenser for a marine ORC unit by using the ship forward movement and passive ventilation
approaches. This is the first paper considering the performance improvement of an air-cooled marine
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ORC-based WHRS by means of air flows produced by the ship forward moment and passive ventilation
techniques. The paper contributes to the literature of air-cooled WHRS for commercial shipping, ship
design and ventilation by studying the benefits of reducing the ship CO2 emissions by using alternative
cooling approaches for the marine WHRS in extremely cold weather. The paper sets in section 2 the
case study for this work. Section 3 outlines the method used and section 4 presents the results achieved
by the different cooling approaches for the ship ORC unit. Section 5 discusses the limitations of the
analysis carried out, assumptions made and possible future research routes for exploring the proposed
cooling system, and finally, the main conclusions are outlined.

Figure 2. Four possible options for using apparent airflow to cool the ORC unit condenser.

2. Case Study
At present little detailed data is available for merchant ships that take the polar route from Asia to Europe
and hence the case study presented here will consider a vessel operating in the low Arctic sailing
between northern Norway and Iceland.
2.1

The ship

A hypothetical 4,130 twenty-foot equivalent unit (TEU) containership is used to study the performance
of the WHRS and its power demand when sailing in the Arctic [35,36]. The propulsive power is
calculated using UCL’s Whole Ship Model with the ship characteristics described in Suárez de la Fuente
et al. [21]. The operational profile, shown in Table 1, was obtained using anonymised Automatic
Identification System (AIS) data from containerships navigating in the Arctic during 2012 provided by
UCL’s Energy Institute. Note that there is no impact of sea state.
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Table 1. Operating profile for the hypothetical containership.

Speed
(kn)

Power
Required
(kW)

Rating
(% Maximum
Continuous Rating)

Time
(%)

Scavenge
Air
Temperature
(˚C)

Scavenge
Mass
Flow Rate
(kg/s)

<19.8

<16,810

<41

47.4

79

39.6

21.0

20,925

51

20.3

98

44.9

22.1

25,210

61

15.5

118

55.6

23.3

30,844*

75

12.8

140

76.0

24.6

37,550

91

4.0

160

86.8

* Design point

To reach a maximum speed of 25.2 knots, a 41,125 kW two-stroke low-speed Diesel engine is used
[37]. The main and auxiliary engines consume HFO with an assumed Carbon Factor of
3.1144 g CO2/g fuel [38]. The on board electric demand, while at sea, is assumed constant at 1,390 kW e
[38] with an auxiliary engine specific fuel consumption (SFC) of 227 g/kWh at 85% Maximum
Continuous Rating (MCR).
2.2

Route characteristics

The 1,980 km route starts from Reykjavik, Iceland and ends in Ballstad, Norway, with an assumed
4.3 round trips per month [21] equivalent to 54 sailing hours per single trip. The annual CO2 emissions
for the base ship is 59,600 t, of which 54,000 t are produced by the main engine and 5,600 t by the
auxiliary machinery. The ambient air temperatures, from the CRUTEM4 data set [39,40], are shown in
Table 2.
Table 2. Monthly ambient air temperature seen on the studied route.

Air Temperature
(˚C)

Jan

Feb

Mar

Apr

May

Jun

Jul

Aug

Sep

Oct

Nov

Dec

-1.7

-1.1

-0.9

1.0

4.0

5.4

7.3

7.3

7.4

4.1

1.4

-0.5

For the wind data, the route is discretised into 44 waypoints. A random voyage date is chosen and for
each waypoint along the route the wind data [41] for that date and time is polled. This process is
repeated 500 times to have sufficient results to represent the entire 36-year period for which data is
available. The resultant data is clustered from which probability distributions are obtained (see Table 3)
for each True Wind Speed (TWS) and True Wind Angle (TWA). The TWS is defined as the wind speed
measured from a stationary position while True Wind Direction (TWD) is the wind angle (Γ) relative to
the true north (i.e. the geodetic north) experienced at the same stationary position (see Figure 3). The
TWD has been converted, using the ship route, to TWA which refers to the wind angle in relation to the
ship bow or heading. It goes from 0° – wind on the bow – to 180° – wind on the stern, and when TWA
is 90° it means a wind on the beam.
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Table 3. Probability distribution for true wind speed (TWS) and true wind angle (TWA) seen from the ship bow along
the route.

TWS (m/s)

0

2

4

6

8

10

12

14

0

0.00%

1.26%

0.21%

0.42%

0.00%

0.00%

0.00%

0.00%

45

1.26%

5.03%

6.92%

2.10%

1.89%

0.00%

0.00%

0.00%

90

0.21%

7.34%

12.58%

7.13%

7.55%

2.10%

0.00%

0.00%

135

0.84%

6.71%

10.69%

5.24%

3.98%

1.89%

0.84%

0.63%

180

0.21%

3.14%

4.61%

2.31%

1.26%

1.05%

0.42%

0.21%

TWA (˚)

The combination of the forward motion of the ship and true wind velocity will lead to an apparent wind
velocity as seen from on board the ship, as illustrated in Figure 3.

Figure 3. Depiction on the true and apparent wind vectors acting on the containership.

This will not be experienced uniformly over all relative headings, as shown in the data published by the
Ship Structure Committee [42]. The data on Table 3 was transformed to Apparent Wind Speed (AWS)
and Angle (AWA) depending on the ship velocity and heading. Using Figure 3, the hypothetical ship is
navigating with a velocity vector vs at a speed of vs in the bow direction (i.e. the heading) while the true
wind vector vt arrives at the ship bow at a speed vt (i.e. TWS) and with an angle ϕ (i.e. TWA). Solving
for the vectors, it is possible to find the apparent wind vector va, which is formed by the AWS va and
AWA θ [43].
2.3 Waste heat recovery system
For this study the charge air temperatures are partly reduced via the ORC unit once-through boiler
rather than the air cooler [37]. The waste heat absorbed by the boiler is used to generate electrical
power via the ORC unit thermodynamic processes and an electrical generator (see Figure 4). The
electrical power produced is supplied to the ship’s grid which in turn will have an impact on the auxiliary
system loading and specific fuel oil consumption with the aim of reducing fuel consumption and CO 2
9

emissions. An aftercooler is assumed to be installed after the ORC unit boiler with the task of cooling
the charged air if the waste heat system is off-line, which can be the case at low charge temperatures
corresponding to speeds below 21 knots [21]. The study and design of the aftercooler and how is
operated is out of the scope of this work.

Figure 4. Machinery layout including the proposed WHRS boiler substituting the air cooler
shown in Figure 1. The auxiliary aftercooler is not shown.

The ORC working fluid is R1233zd(E) and it is suitable for temperatures between 60-180˚C which is
compatible with the scavenge air temperature range [44]. The organic working fluid is non-flammable
[45] hence it is allowed in the machinery room [46], but also has a low Global Warming Potential and
negligible Ozone Depletion Potential [47]. The maximum turbine power output is limited to 600 kW
which is the maximum expander power output seen in Suárez de la Fuente [21] for a set of marine ORC
units using R1233zd(E) for its use on board a similar container ship. A second upper limit is imposed
for the air condenser maximum volume equivalent to the volume of one TEU. Both of these limits have
the objective of limiting the WHRS size and minimising the ship impact.
2.4 Condenser cooling approach
A modular cross-flow finned tube heat exchanger is used, it offers large heat transfer area densities
[48] thus improving the overall heat transfer coefficient and heat exchanger compactness. The finned
tube condenser unit is made of aluminium, to obtain a high thermal conductivity, and it is formed of five
staggered tube rows with a constant 0.083 m transverse pitch. The condenser unit analysis model
calculates the air demand to absorb the excess heat coming from the ORC unit and sizes the fan power
requirement. The fan air flow rate is complemented by hybrid air cooling. This approach is unique for
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its application in marine WHRS as it combines the air flow caused by stack effect, ship forward
movement and natural wind speed, and forced air due to the fan.
The concept uses two windscoops with a capture area of 2 m2 each and they are positioned at either
side of the ship superstructure (Figure 5). The windscoops are capable of rotating on their own axis
perpendicular to the ship superstructure in order to capture the wind component in the upwind and
downwind direction. The windscoop design idea is taken from the rotating ducted thrusters used in
hovercrafts for manoeuvring [49]. A limitation of this design is that it only captures the apparent wind
speed component in the longitudinal direction and not capturing the beam or side wind speed
component. The chimneys are integrated into the superstructure to minimise structural weight and air
drag. The chimney exhaust is assumed to be one deck, 2.8 m, above the bridge and having a
superstructure with six decks, the chimney exhaust is 19.6 m above the upper deck. The chimney
diameter is assumed to be 2 m. The ship beam (width) is the same as the superstructure beam, at 32.2
m. The Venturi-shaped roof is of an omnidirectional construction with no guiding vanes which gives the
highest pressure coefficients at different wind angles [34]. The Venturi-shaped roof has a contraction
ratio of two with a flow area on top of the chimney exhaust of 2 m2. The design optimisation of
windscoops and other passive ventilation equipment are outside the scope of this work but it is an
interesting area for further developments.

Figure 5. A) Hybrid cooling system components for the ORC unit. B) Suggested location for the ORC
unit cooling system with different parts of the ship as well as the direction of the ship movement.

It is important to mention that the hybrid cooling system has a supportive role in covering the air flow
demand for the ORC unit and it is not intended as a substitute of the condenser’s fan.
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3. Method
3.1 Waste heat recovery system
For the ORC unit a simple layout was chosen for this study and it is formed of a boiler, expander, air
condenser and pump (Figure 6). The simple layout is an attractive option when there is a relatively low
temperature at the waste heat source because the benefit of a recuperator (i.e. higher ORC unit thermal
efficiency and power output) is minimal but the cost penalty is still present [10,22,50]. Furthermore,
machinery rooms on board ships tend to be tight and hence compact systems are desirable. As
mentioned by Sellers [51] the system compactness is even more important in retro-fit applications where
the machinery layout cannot be modified easily, cheaply and without the need to recertify equipment.
This section describes the ORC unit modelling without the implications of passive cooling while section
3.2 deals with the passive cooling modelling and its implications on reducing the ORC unit ancillary
demands.

Figure 6. Organic Rankine Cycle unit layout using the waste heat available in the scavenge air system and
rejecting the excess heat to the ambient air.

The optimisation of the 13-dimensional space was carried out using a single objective approach using
Particle Swarm and Pattern Search algorithms [12]. Table 4 presents the ranges for the independent
variables used to optimise the ORC unit design. The number of variables allow the simulation to explore
a large sample of possible ORC unit and air condenser designs and find the best solution for the studied
container ship. In particular, the three pressure points, selected by the optimisation algorithm were used
to produce a spline interpolation curve that governed the ORC off-design evaporation pressures. The
off-design strategy, in terms of pressures, was thus optimised rather than presumed. Thermodynamic
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and numerical checks (e.g. energy balance and pump flow direction) were added to the optimisation
process with the purpose of eliminating design solutions that do not follow the thermodynamic laws.
Table 4: Optimisation independent variables and their ranges explored for the design definition of the ORC and
air condenser units.

Parameter

Range

Used for

Scavenge Air Outlet Temperature (˚C)

50 - 120

ORC unit

P1 (kPa)

300 – 3,440

ORC unit

P1,off1 (kPa)

(0.50 -1.00)*P1

ORC unit

P1,off2 (kPa)

(0.35 -1.00)*P1

ORC unit

P1,off3 (kPa)

(0.20 -1.00)*P1

ORC unit

Superheating Temperature (˚C)

5 – 100

ORC unit

Condenser Unit Pinch Point
Temperature Difference
(˚C)

5 – 25

ORC unit and
Condenser unit

WHRS Design Point
(Ship Speeds)

75% -105% of
Design Speed
(27% - 91% MCR)

ORC unit

Tube Internal Diameter (mm)

16 – 100

Condenser unit

Tube length (m)

1.83 – 7.32

Condenser unit

2 – 16

Condenser unit

Fin Height (mm)
Fin Thickness (mm)
Fin Pitch (mm)

8x10-2

– 25

2 – 24

x10-2

Condenser unit
Condenser unit

As mentioned before, the ORC unit boiler substitutes the air cooler as the equipment to cool down the
scavenge air. Using Figure 6, the hot charged air enters the ORC unit where the air temperature is
reduced while heat extracted is transferred to the refrigerant (4-1). The waste heat transferred to the
refrigerant (𝑄̇𝑊𝐻 ) was calculated as follows:
𝑄̇𝑊𝐻 = 𝑚̇𝑊𝐻 ∙ 𝑐𝑝,𝑊𝐻 ∙ (𝑇𝑖 − 𝑇𝑜 )

(1)

Where 𝑚̇𝑊𝐻 is the mass flow rate and cp,WH is the scavenge air specific heat, Ti and To are the scavenge
air inlet and outlet temperature respectively. The 𝑚̇𝑊𝐻 at the different operating points were taken from
[37], while To and the design point for the ORC unit were chosen by the optimisation process. Noting
that adding heat or work to the system has a positive sign while a negative sign is used to signify heat
or work extracted from the system. The pressure losses due to the ORC unit’s boiler at different
operating conditions are assumed to be the same as those experienced with an air cooler which are
between 1.0 kPa and 3.5 kPa [52], small enough to neglect their effect on the main engine performance
[53]. A detailed study of the ORC unit once-through boiler design is out of the scope of this work but the
interested reader can consult reference [54].
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The condenser unit (2-3) has the task of rejecting the ORC unit excess heat to the sink which in this
case is the ambient air found in the Arctic. It is assumed that at the condenser exit the working fluid will
be at its liquid saturated condition with a fixed temperature of 25°C. The heat rejected to the heat sink
(𝑄̇𝑐𝑜 ) is given by:
𝑄̇𝑐𝑜 = 𝑚̇𝑤𝑓 ∙ (ℎ3 − ℎ2 )

(2)

Where 𝑚̇𝑤𝑓 the working fluid mass flow rate, and h2 and h3 are the specific enthalpies before and after
the heat rejection process; the calculation of these variables will be discussed later in this section. The
advantage of having a relatively high saturation temperature – in comparison to ambient air found in
the Arctic – is that the ORC unit can operate the whole year in the proposed Arctic route (see Table 2)
with a wide range of possible pinch points allowing for lower coolant mass flow rates and fan power
consumption. A side effect of this design decision is that fixing the saturation temperature at a higher
point constrains the expander power output by not taking advantage of the larger expansion given by
lower ambient air temperatures. However, as shown in Suárez de la Fuente [21], the power requirement
from an air-cooled ORC unit fan can increase considerably with a small change in the ambient air
temperature. Under these fixed conditions at the exit of the condenser unit it is possible to find P3 and
h3. The ORC unit high pressure (P1 and P4 are the same due to the no pressure losses assumption at
the boiler) is selected by the optimisation method from the ranges shown in Table 4.
Turning to the ORC unit pump, the working fluid specific enthalpy after the pump (h4) was found as
follows:
ℎ4 = ℎ3 +

(ℎ4𝑠 − ℎ3 )
𝜂𝑝

(3)

Where h4s is the specific enthalpy after the pump assuming an isentropic increase of pressure from P3
to P4 (i.e. P1) and 𝜂𝑝 is the pump’s isentropic efficiency assumed to be 80% at design point [55–57].
The off-design pump efficiency (p) was modelled to be dependent on the off-design volumetric flow.
Pump characteristics from a commercial pump was emulated by accordingly adjusting the coefficients
a-d in the following equation, as shown by Larsen et al. [58]:
3
2
𝜂𝑝
𝑉̇
𝑉̇
𝑉̇
=𝑎∙( ) +𝑏∙( ) +𝑐∙ +𝑑
̇
̇
𝜂𝑝,𝑑
𝑉𝑑
𝑉𝑑
𝑉𝑑̇

(4)

Here 𝑉̇ is volumetric flow and subscript d is short for design point. The working fluid mass flow rate
(𝑚̇𝑤𝑓 ) was given by:
𝑚̇𝑤𝑓 =

𝑄̇𝑊𝐻
(ℎ1 − ℎ4 )

(5)

Knowing these calculated variables, it is possible to find the pump electric power requirement (𝑊̇𝑝 ):
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𝑊̇𝑝 =

𝑚̇𝑤𝑓 ∙ (ℎ4 − ℎ3 )
𝜂𝑝,𝑒

(6)

Where ηp.e is the pump efficiency to convert electrical power to mechanical power and is considered to
be a constant 97% [12]. The superheating temperature is also selected by the optimisation method and
knowing P1 (hence the high-pressure saturation temperature) it is possible to determine T1 and the
working fluid specific enthalpy (h1). At the ORC unit’s turbine (1), the working fluid expands and
generates mechanical power. After exiting the turbine, the working fluid will be at state 2 where the
pressure is the same as P3. The specific enthalpy at state 2 (h2) is calculated as follow:
ℎ2 = ℎ1 + 𝜂𝑒𝑥 ∙ (ℎ2𝑠 − ℎ1 )

(7)

Where 𝜂𝑒𝑥 is the expander isentropic efficiency assumed to be 80% at design point [59], h2s is the
isentropic specific enthalpy for the expansion process. The expander electrical power output (𝑊̇𝑒𝑥 ) was
calculated as follows:
𝑊̇𝑒𝑥 = 𝜂𝑔 ∙ 𝑚̇𝑤𝑓 ∙ (ℎ2 − ℎ1 )

(8)

The expander shaft is connected to a generator with an assumed constant efficiency (ηg) of 97% [12]
and it provides electrical power to the ship’s grid. Losses found at the power electronics needed to
integrate the ORC unit electrical power to the grid are not considered for this study. At off-design the
expander efficiency (ex) was assumed to behave as according to the work of Schobeiri on axial steam
turbines [60]:
𝜂𝑒𝑥
𝑁
𝛥ℎ𝑒𝑥,𝑑
𝑁
𝛥ℎ𝑒𝑥,𝑑
=
∙√
(2 −
∙√
)
𝜂𝑒𝑥,𝑑 𝑁𝑑
𝛥ℎ𝑒𝑥
𝑁𝑑
𝛥ℎ𝑒𝑥

(9)

Where ∆hex is the enthalpy change during the expansion ratio and N is the expander rotational speed.
In addition, the pressures, temperatures and mass flows of the turbine at off-design conditions were
related by the Stodola law of the ellipse [61]:

𝐶𝑇 =

𝑚̇√𝑇𝑖
√𝑃𝑖2 − 𝑃𝑜2

( 10 )

Where CT is the expander constant and subscripts i and o are short in inlet and outlet of the turbine.
Moving to the bottom side of the air condenser unit, the mass flow rate of air required (𝑚̇𝑏 ) to absorb
the excess waste heat was as follows:
𝑚̇𝑏 =

𝑄̇𝑐𝑜

( 11 )

(ℎ2,𝑏 − ℎ1,𝑏 )
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Where h1,b and h2,b is the specific enthalpy before and after the cooling fluid has passed through the
condenser unit. Using the condenser pinch point temperature (ΔTpp,b), 𝑄̇𝑐𝑜 and the air inlet temperature
(T1,b) is possible to find h2,b. To find h1,b, the same approach as the one described in equation (3) is
used:
ℎ1,𝑏 = ℎ0,𝑏 +

(ℎ1𝑠,𝑏 − ℎ0,𝑏 )
𝜂𝑓

( 12 )

Where h0,b is the specific enthalpy at ambient air conditions, h1s,b is the specific enthalpy for an isentropic
process through the fan and ηf is the isentropic efficiency assumed to be a constant 60% [55]. The
electric power required to move the cooling fluid through the condenser unit (𝑊̇𝑏 ), assuming that there
is no passive ventilation assistance, can be calculated as follows:
𝑊̇𝑏 =

𝑚̇𝑏 ∙ (ℎ1,𝑏 − ℎ0,𝑏 )
𝜂𝑓,𝑒

( 13 )

Where ηf.e is the fan’s efficiency to convert electrical power to mechanical power and is considered to
be a constant value at 97% [12]. The integration of ship design, route conditions and how the ship is
operated has an impact on finding which ORC unit design is the best fit. This has been highlighted in
Suárez de la Fuente et al. [62] and more recently by Shu et al. [23]. The models of both the WHRS and
condenser unit were optimised to reduce the annual CO 2 emissions using the operating profile shown
in Table 1 and weather conditions in Tables 2 and 3 for a whole year. In order to quantify the annual
CO2 savings (CS) achieved by the marine WHRS producing electricity the following equation was used:
𝐶𝑆 =

𝑂𝑀 ̇
𝐶𝐹 ∙ 𝑀𝑇 ∙ ∑𝑂𝑆
𝑖=0 ∑𝑗=0 𝑊𝑇,𝑊𝐻𝑅𝑆 (𝑖, 𝑗) ∙ 𝑆𝐹𝑂𝐶𝑎𝑢𝑥 (𝑖, 𝑗) ∙ 𝑡(𝑖, 𝑗)
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( 14 )

Where CF is the fuel carbon factor assumed to be a constant 3.1144 t CO2 per t HFO [63], MT refers to
the monthly single trips, OS are the number of operating speeds as shown in Table 1, OM is the number
of months, 𝑊̇𝑇,𝑊𝐻𝑅𝑆 is the ORC unit net electrical power output given by the addition of 𝑊̇𝑒𝑥 , 𝑊̇𝑝 and 𝑊̇𝑏 .
The auxiliary engine fuel is given by SFOCaux in g/kWh and t is the hours spent at each operating speed
during the year.
A detailed description of the ORC unit thermodynamic and heat exchanger models with their relevant
variables are provided in the following references [21,64–66]. The model was coded in Matlab® 2015a
using CoolProp 5.0 [67] package for the working fluid equations of state.
3.2 Passive cooling approaches
The data obtained from the optimisation was post-processed to include the effects of wind speed, angle
and air temperature and its contribution to the condenser’s fan power reduction. The probability of
finding a wind with certain angle and speed as shown in Table 3 is assigned to any given operating
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speed and month. This means that any operating condition will experience, at some time, all wind
conditions.
̇ ) by the windscoops is given as follows
The volumetric air flow rate produced by the wind captured (𝑉𝑤𝑠
[68]:
̇ = 𝐶𝑤𝑠 ∙ 𝐴𝑤𝑠 ∙ 𝑣𝑎,𝑙
𝑉𝑤𝑠

( 15 )

Where Cws is the opening effectiveness – how effective the opening is at capturing the wind flow –
assumed to be 0.55 which is an intermediate value for perpendicular winds to the windscoop opening
[69], Aws is the windscoop opening area assumed to be 2.0 m 2 and va,l is the apparent wind velocity
component in the ship length direction. In specific to the windscoops, when the total passive flow rate
is above the required, the wind cooling will be limited by rotating the windscoops to less favourable
angles. For the stack flow (𝑉𝑆̇ ) coming from a single chimney is given by the following expression [68]:
2 ∙ 𝑔 ∙ ∆𝐻𝑁𝑃𝐿 (𝑇2,𝑏 − 𝑇𝑎𝑚𝑏 )
⁄
𝑉𝑆̇ = 𝐶𝐷 ∙ 𝐴𝑐ℎ ∙ √
𝑇

2,𝑏

( 16 )

Where Ach is chimney outlet cross-sectional area, g is acceleration due to gravity and assumed to be
9.81 m/s2, ΔHNPL is the height from the midpoint of lower opening to neutral pressure level assumed to
be 0.25 m above the chimney exit (i.e. 19.85 m), Tamb is the ambient air temperature and CD is the
discharge coefficient assumed to be the same for both openings and it is given by [68]:
𝐶𝐷 = 0.40 + 0.0045 ∙ |𝑇𝑖 − 𝑇𝑎𝑚𝑏 |

( 17 )

The pressure drop found at the middle of the chimney generated by the Venturi-shaped roof is found
using the Bernoulli equation. This gives a pressure coefficient (Cp) of -0.75, which is a conservative
value [34,70], and it is assumed to be the same for any wind angle due to the omnidirectional nature of
̇ ), found the same way as an intentional
the roof. The flow rate due to the Venturi-shaped roof (𝑉𝑣𝑟
opening, to the flow is then calculated as follows [68]:
̇ = 𝐶𝐷 ∙ 𝐴𝑐ℎ ∙ (𝑣𝑣𝑟 − 𝑣𝑎 ) ∙ √|𝐶𝑝 |
𝑉𝑣𝑟

( 18 )

Where vvr is the air speed at the chimney centre accelerated by the Venturi-shaped roof contraction,
assuming there is no air leakages or changes in height, and va is the magnitude of the apparent velocity
vector va. The total air volume flow rate ( 𝑉̇𝑇 ) going through the condenser is calculated with the
quadrature superposition method which gives a good approximation for the total flow when compared
to other empirical methods [71]. The air flow supplied to the heat exchanger is given by the following
approximation [68,71]:
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̇ 2 + 𝑉𝑆̇ 2 + 𝑉𝑣𝑟
̇ 2 = 𝑚̇𝑏⁄𝜌
𝑉̇𝑇 = √𝑉𝑓̇ 2 + 𝑉𝑤𝑠
𝑎𝑚𝑏

( 19 )

Where 𝑉𝑓̇ is the fan flow rate required and ρamb is the air density at atmospheric conditions. In the case
of twin chimneys design, as shown in Figure 5B, it is assumed that when the wind is captured at the
port side then at starboard the wind pressure will be negative (see Figure 2) and a pessimistic
assumption has been used that the starboard Venturi-shape roof will also be ineffective due to the
blockage of the wind, thus only the fan and stack flow rates will be operating. The power reduction due
to the use of passive cooling was evaluated by finding the proportional contribution of each of the
passive cooling methods with respect to 𝑉̇𝑇 and then multiplying it to the condenser total power
requirement. This is represented in Equation (17), to calculate the electrical power reduction using the
windscoops (𝑊̇𝑤𝑠 ):
𝑊̇𝑤𝑠 = 𝑊̇𝑏 ∙

̇
𝑉𝑤𝑠
𝑉̇𝑇

( 20 )

Having the participation of the different passive cooling systems it is possible to find the electrical load
for the condenser’s fan (𝑊̇𝑓 ):
𝑊̇𝑓 = 𝑊̇𝑏 − (𝑊̇𝑤𝑠 + 𝑊̇𝑆 + 𝑊̇𝑣𝑟 )

( 21 )

Where 𝑊̇𝑆 is the electrical power reduction coming from the stack flow and 𝑊̇𝑣𝑟 is the electrical power
reduction produced by the Venturi-shaped roof. In order to evaluate the monthly passive cooling
contribution to the ship, the electrical power was changed to energy. The energy calculation for the
windscoops’ cooling (Ews) in electric kilowatt per hour is given as follows:
𝑂𝑆 𝑂𝑀 𝑂𝑊

𝐸𝑤𝑠 = ∑ ∑ ∑ 𝑊̇𝑤𝑠 (𝑖, 𝑗, 𝑘) ∙ 𝑡(𝑖, 𝑗, 𝑘)

( 22 )

𝑖=0 𝑗=0 𝑘=0

Where OW represents the wind conditions shown in Table 3 and t is the time, in hours, spent at each
operating ship speed under the different wind speeds and angles during the whole year. The same
method is used for the total energy required at the condenser unit and the other ORC unit’s passive
cooling systems analysed in this work.
Pressure losses due to ducting and flow through the chimney were assumed insignificant. The
implications of fan locations, ducting path and the energetic cost, drag and movement, of the rotating
windscoops and Venturi-shaped roof is beyond the scope of this work.
3.3 Model validation
The WHRS thermodynamic model was used in Larsen et al. [64]. There was a 1% difference on the
heat exchanger overall heat transfer coefficient when compared to Richardson and Peacock [72]. The
air condenser model gave an error of 0.3% and 0.5% for the logarithmic temperature difference and the
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outlet temperature respectively when compared to Gnielinski [73]. The wind and stack flows were
validated against results of EnergyPlusTM. For a headwind of 11.4 m/s, at a temperature of -25.3°C with
a TWA of 30° and a rejection of 1650 kW there is a fan power reduction of about 32.7% while when
using it EnergyPlusTM the reduction was 28.5%. The difference could be caused by the chimney and
duct frictional losses not considered in this work.
4. Results
4.1 Organic Rankine cycle unit
The ORC unit, with its condenser design and performance as shown in Tables 5 and 6, is capable of
reducing the CO2 emissions by 543 t/year without the hybrid cooling which represent 0.91% of the
annual container ship CO2 emissions and 9.70% of the annual CO2 emissions produced by the auxiliary
machinery. The ORC unit operates when the ship speed is 21.0 knots and above which represents
52.6% of the navigational time. Below this engine load the waste heat temperature is lower than 100°C
where the ORC unit does not generate electric power.
Table 5. Some of the design characteristics for the hybrid cooling approach for a single chimney. The air requirement
and cooling loads are given for design speed and ambient air temperature of 7.4˚C.

Modules
(-)

Length
(m)

Width
(m)

Tube rows
(-)

Frontal Area
(m2)

Heat
Rejected
(kW)

Air
Requirement
(m3/s)

43

7.30

6.34

5

46.30

1648.5

87.4

Table 6. Some of the performance characteristics for the ORC unit condenser for a single chimney split in the section
where the organic fluid is being cool down to its saturated vapour condition (desuperheating section) and where the
organic fluid condensate (condensing section) . The heat transfer coefficients are given for design speed and ambient
air temperature of 7.4˚C. The surface area quantities includes tubes and their fins.

Condensing Section

Desuperheating Section

P3
(kPa)

Surface
Area
(m2)

Overall Heat Transfer
Coefficient
(W/m2∙K)

UA
(W/K)

Surface
Area
(m2)

Overall Heat Transfer
Coefficient
(W/m2∙K)

129.3

6,203

16.9

326.3

2,298

5.4

UA

(W/K)
104.7

During the summer when the air temperatures are high, a maximum fan consumption of 25 kW e is seen
at design speed (i.e. 23.3 knots) which results in the lowest ORC unit net power (see Figure 7). Looking
at the different ship speeds, it is possible to see that as the ship speed increases the larger it is the net
electric power output produced by the ORC unit (Figure 8A). The maximum net power output, 451 kW e,
is achieved when the operational speed is 24.6 knots and the ambient temperature is the lowest (i.e. 1.7°C in January). Under this scenario, the scavenge air mass flow rate and temperature at the entrance
of the ORC unit boiler is higher, allowing for a larger waste heat absorption. As the ship speed is
reduced, the scavenge air temperature drops and the cooled air flow requirement to the engine
becomes smaller, causing, in January, a drop in the ORC unit power output of about 61% or 277 kW e.
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The fan power requirement during the whole year at the different operational speeds when the ORC
unit is working can be seen in Figure 8B.

Figure 7. Monthly ORC unit net electric power output (right) and fan electric input (left) at ship design speed (i.e.
23.3 knots), no passive cooling power included.

For all operational speeds it can be appreciated that the ambient air temperature has an effect on the
fan power demand as discussed previously. However, at the lowest speeds the power demanded
increases from winter to summer is lower than at the fastest speeds. At 24.6 knots, the fan power input
in January is about 10 kW e and in September increases to about 49 kW e, while at 21.0 knots the fan
power input over the same period increases from 2 kW e to 10 kW e. For this reason, the net electric
power through the year, Figure 8A, for the slowest operational speeds (i.e. 21.0 and 22.1 knots) is
relatively stable.
The energy analysis of the ORC unit’s fan for a single trip shows that the maximum energy demand
happens in September at 501 kWhe while the lowest is found in January at 113 kWhe (Figure 9). The
annual fan energy demand represents about 6.2 t of fuel and 19.2 t of CO2, which represents 3.5% of
the net annual CO2 savings achieved by the ORC unit.
4.2 Hybrid cooling
Due to the fluctuation in apparent wind caused by the multiple combinations of headings, ship
operational speeds, true wind speeds and angles, the reduction in fan power demand caused by the
proposed hybrid cooling system changes. This is highlighted by Figures 10A and 10B for the starboard
hybrid system when the ship is navigating at design speed in January and September respectively,
which are the extreme cases for minimum and maximum fan energy demand as per Figure 9. The
performance of the port system will be a mirror of Figure 10. From Figure 10A, it can be seen that with
headwinds, at design speed, at different wind speeds produce enough flow to cover between 58% and
100% of the condenser electrical power demand. With winds above 10 m/s there is no need to use the
fan and due to an excess of air flow, the windscoops are rotated to less favourable angles to balance
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the cooling flow with the demand. For calm conditions (winds of 0 m/s), the flow is produced solely by
the ship forward movement and represents 60% of the fan electric power input, or 1.6 kW e.

Figure 8. A) Net electric power output generated by the ORC unit at the different ship operational speeds during the
year; B) Fan electric power consumption for different speeds and months of the year.

At a TWA of 90°, the assistance of the hybrid system is between 58% to 66% of the cooling flow
demand. The Venturi-shaped roof is the equipment that takes the most advantage of the high TWS,
changing from a representative 0.6 kW e with winds of 0 m/s to 0.8 kW e at 14 m/s. At the same angle,
the stack and captured flow from the windscoops remains similar at 0.2 kW e and 0.9 kW e respectively.
As the TWA moves to the stern, the benefit of having high TWS at design speed reduces considerably
due to the wind speed being similar as the ship’s operational speed but in the opposite direction. A wind
of 2 m/s represents around 51% of the fan electrical power input while at 12 m/s – or 23.3 knots which
is the ship design speed – this drops to about 11%. Under this case only the stack flow is working in
conjunction with the fan. This occurs because the cooling performance depends on the apparent wind
speed; a combination of TWS and TWD coupled with the ship speed. Thus, when the ship is heading
away from the wind, the apparent wind speed is lower and so is the cooling performance. When the
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wind is being blocked by the ship superstructure (i.e. wind angles between 180° and 360°) only the
cooling performances of the stack flow and fan will be operating for the ORC unit condenser.

Figure 9. Monthly ORC unit fan energy demand for a single monthly trip.

It can be seen from Figure 10B that the hybrid cooling behaviour in September for different TWS and
TWA is similar to that seen in January but is proportionally smaller. The hybrid system represents
between 36% to 62% of electrical power demanded for TWS between 0 m/s and 14 m/s when TWA is
0°. When the ship is experiencing tailwinds, the proportional part of the electric demand covered by the
hybrid system is smaller, between 5%, at a TWS equal to the ship design speed, and 36% when there
is no wind. The reason of the smaller proportional contributions is that the starboard condenser unit
power requirement is around 12.6 kW e, about 4.8 times larger than in January, due to both the increase
in ambient air temperature and reduction in density, with associated increased volume flow rates. In
January when the average ambient air temperature is -1.7°C, a volumetric flow rate of 30.6 m3/s and a
power of 2.8 kW e is required for the starboard ORC condenser. In September, when the air is warmer
at 7.4°C, the volumetric flow rate and power increase to 55.9 m 3/s and 12.6 kW e respectively. Hence
the power requirement to move a cubic metre of air in January is 0.09 kW e/(m3/s) while in September it
is 0.22 kW e/(m3/s).
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Figure 10. Electric power proportion of the starboard hybrid system to the total condenser unit electric power
demand for the month of A) January and B) September when the containership is navigating at design speed.

For other months of the year, a similar hybrid cooling behaviour is seen as in Figures 10A and 10B but
with different proportions to the total power demanded which are inside the boundaries established by
the months of January and September. In the case of the fastest operational speed, although there is
a larger air flow produced by the hybrid system, it has a smaller net impact due the larger overall
electrical power demand at the condenser (see Figure 8B). For example, the maximum electrical power
substituted by the hybrid cooling for the starboard equipment in September is 12.6 kW e at a TWS of
14 m/s and a TWA of 0°, which represents about 52% of the total electrical power demand. At the same
month and when the system is blocked, it only provides 3.4% of the demanded power. On the other
hand, at the slowest speed where the ORC unit is operating, in January, TWS above 2 m/s and TWA
between 0° and 45° cover 100% the electric demand at the condenser unit which is 1.1 kW e.
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During the whole year of operation, the twin hybrid cooling system considering the fan power demand
reduction while unblocked and blocked saves 1.6 t of fuel and 4.9 t of CO2, which is a 0.9% increase
on saving by the ORC unit. The total CO2 emission reduction of 548 t of CO2 with the hybrid cooling
represents a reduction of 0.92% of the ship’s annual CO 2 emissions and 9.80% of the auxiliary
machinery emissions. The low savings are caused mainly by a low probability of encountering
favourable winds for passive cooling, such as headwinds of any speed which only amount to about 2%
of the total navigational time or about 64 minutes in a single trip (see Table 3 and Figure 11). Other
factors are low windscoop and Venturi-shaped roof capture areas with no optimisation for the air flow
rates required; and the assumption that when AWA is at any angle on the beam, only one passive
system is fully operational. Putting the results into perspective, if the ORC unit condensers were
operating only with fans, the fuel consumption due to the condenser cooling is around 6.2 t which means
that the passive cooling brings a 26% reduction in condenser cooling electrical load.

Figure 11: Proportion of time spent at each wind condition for any single trip of the year seen where the starboard
hybrid cooling system is unblocked for a ship speed of 23.3 knots.

Examining a single trip with the hybrid system fully operating (i.e. not being blocked by the ship structure
or containers), the fuel saving is about 152 kg. The passive system in January substitutes 33.5 kWhe
from the fan and in September it reaches 88.6 kWhe, see Figure 12. The largest passive cooling
contribution is from the windscoops, followed by the Venturi-shaped roof and the stack effect. The stack
flow contributes to the net hybrid cooling by 3.6% to 8.1% of the total energy. As the ambient air
temperature increases, the stack volumetric flow reduces due to a lower density difference between the
ambient air and the air exiting the condenser. The Venturi-shaped roof suffers from the same issue and
has a proportional contribution of around 21.1% in January and 12.3% in September. The wind
volumetric flow rate stays the same during the different months, but changes with the ship and apparent
wind speeds. In September, it supplies 19.5% of the cooling energy requirement and 29.9% in January.
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The volumetric flow rate is sensitive to ambient air temperature and for ships that might operate in the
high Arctic where ambient temperatures are even lower passive cooling could contribute significantly
more.

Figure 12. Single monthly trip energy contribution for each cooling approach in one chimney.

For the hybrid cooling system that is assumed blocked by the superstructure, produces a fuel reduction
of around 32 kg in a single monthly trip. After the fan ventilation, the largest contributor to the condenser
cooling comes from the stack flow rate which represents between 4.9% and 12.1%, depending on the
month. Volumetric flow rates from the windscoops and Venturi-shaped roof are assumed to only be
active when there are headwinds or tailwinds reducing considerably their benefits. Wind and roof
cooling represent 1.6% and 1.1% of the total energy required respectively in January.
5. Discussion
This analysis did not include an evaluation of a potential increase in air resistance due to the chimneys,
as air resistance is typically 4.0% or less of ship’s total resistance [43], and the indicative system
described only increases the projected area by 4.5% of the ship superstructure.
In regards to the possible corrosion for the aluminium condenser unit, Sielski [74] discusses that bare
hulls made of aluminium alloys of the series 5xxx have been operating for 30 years without visible
corrosion. In the proposed hybrid system, the condenser unit will be located inside the ship’s
superstructure where it will be just exposed to moist air. Under this scenario the corrosion could be
manage by galvanically isolating the aluminium from other steel structures as done between aluminium
superstructures and steel hulls. This can be achieved by placing a high ohmic resistance material (e.g.
neoprene) between the heat exchanger and the steel deck as well as insulating sleeves and washers
were needed. Other options mentioned by Vargel [75] are painting the surface in contact with other
metals and by using sacrificial anodes (e.g. Zinc).
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The windscoops have shown to be one of the largest contributors for the passive cooling system, but
were subject to several assumptions. Examining the assumed opening effectiveness, Buklin et al. [76]
gives opening effectiveness values as guidance for wind angles to the opening’s surface between 10°
and 90° based on [68]. In the arctic ORC study the opening effectiveness was assumed to be constant,
and only the longitudinal component of the apparent velocity (va,l) was assumed to be captured by the
windscoops. Re-examining these two assumptions it was found that the windscoops had, on average,
a 4.3% larger opening effectiveness through the complete angle range. It is important to note that the
values for the opening effectiveness in Buklin et al. [76] are given for any opening shape and structure.
Also, the set of values in Buklin et al. for the opening effectiveness are given as constant for different
wind angle range while in this work the combination of the opening effectiveness and the longitudinal
component of the apparent velocity gives a continuous behaviour. Nääs et al. [77] showed that the
opening effectiveness for a rectangular opening changes depending on the shape and structure of the
opening. But it was also demonstrated that the opening effectiveness is more sensitive to a change in
wind speed, droping when faster winds arrive at the opening. In this work the effect of the speed on the
windscoops was not considered. This will have an important impact on the system performance when
there are strong headwinds (above 8 m/s), but as seen in Table 3 strong headwinds have a low
probability of occurring. The shape and structure of the opening tested by Nääs et al. is different than
in this work, and as highlighted by Nääs et al. it is important to study the impact of the windscoop design
on its performance for different wind angles and speeds.
For the Venturi-shaped roofs it was assumed a constant pressure coefficient of -0.75 for the whole
AWA. For land-based application, Van Hooff et al. [34] found experimentally that an omnidirectional
Venturi-shaped roof without guiding vanes had a pressure coefficient (Cp) that fluctuated between -1.33
and -1.05 for TWA between 0° and 45°. From Equation (15) it is possible to see that larger Cp will
increase the flow rate for the Venturi-shaped roofs. However, due to possible blockages in the ship
superstructure, the flow may be disturbed and Cp may drop, hence the conservative value used in this
study was deemed adequate. Similar to the windscoops, there is an important area of research on the
Venturi-shaped roofs in regards to their shape. In this study, the roof designed by Van Hooff et al. [34]
was adopted but reduced in its dimensions to fit them on the ship superstructure. However, Grant et al.
[70] experimented with an omnidirectional spherical-shaped Venturi-roof achieving Cp between -2.5 and
-2.2, almost three times higher than ones used in this work. Studying the performance of different
shapes for Venturi-roofs along with the wind behaviour on the ship superstructure may reduce the power
required for the condenser’s fan.
It was assumed that when wind arrived to one side of the superstructure, the windscoops on the other
side will suffer from blockage due to the superstructure in their current location. Other locations for the
windscoops, such as the superstructure roof, may entail much greater ducting losses but this could be
offset by reduced sensitivity to apparent wind direction. Similarly, the local airflow near windscoops and
Venturi devices may be degraded by the presence of fittings and masts or in the case of container
26

ships, cargo. Ships such as tankers, carrying no deck cargo, may be able to employ windscoops over
a wider range of AWA, however. The initial analysis presented here has also assumed straight and
smooth ducts, with a minimum of losses. Climate data has been averaged over a month and the study
does not model the day-to-day variations of the day-night variations in wind or temperature. On an even
shorter time scale ship motion could impact results, for example, ship roll could impact apparent wind
velocity and opening effectiveness.
In regards to the system integration to the ship, internal duct temperatures will be sufficiently low to
permit light construction similar to HVAC ducting, with the mass of such a duct being approximately
75 kg/m in steel. This gives an added mass of 2.9 t for two ducts alone – not including the Venturi
structure. If the ducts were constructed of aluminium, this could be reduced to one tonne for two ducts,
or potentially less with foil-based flexible ducts. The lighter options would not be self-supporting
however, being suspended from the superstructure bulkheads. Arranging the ducts inside the
superstructure would be relatively straightforward, as most cargo vessels have a single centreline
engine casing / funnel aft of the full width superstructure, so the ducts would be located outboard of
this. Consideration of navigation radar arcs would be required for the choice of the Venturi-shaped roof
height.
Conclusions
The potential fuel and emissions savings for a containership navigating in the low Arctic from the
installation of a forced-air-cooled ORC unit assisted by a passive cooling system was investigated. It
was found that the ORC unit being cooled by air forced by a fan could reduce the vessel CO2 annual
emissions by 543 t/year. A twin passive cooling system with windscoops, Venturi-shaped roofs and
chimneys improved the CO2 emission reductions by 0.9%, or 1.6 t fuel/year. Comparing to the base
case, the annual CO2 emission reductions achieved by the hybrid cooling system reached 548 t which
represents 0.92% of the containership annual CO2 emissions or 9.80% of the auxiliary machinery
annual CO2 emissions.
The lowest fan electric power consumption, 2.2 kW e, is achieved in January when the ship is navigating
at 21 knots. At a speed of 24.6 knots and in September, the fan electric power input increases to its
maximum of 48.6 kW e. Wind cooling was the largest source of fan power reductions followed by Venturiinduced cooling and stack-induced cooling. The amount of induced flow rate by the hybrid system has
been shown to depend on engine loading, apparent wind angle and speed. Under headwinds above
10 m/s at 23.3 knots and in the winter months, the cooling demand is wholly covered by the hybrid
system while navigating at the highest speed at summer and the wind flow blocked by the ship
superstructure represents 3.4% of the required electric power to cool down the ORC unit condenser.
The required volume flow rate is sensitive to ambient air temperature. During the colder months and for
an unblocked system, the passive cooling system had a larger contribution to the fan power reduction
mainly caused by lower power demand at the condensers. For the summer months, the fan power
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requirement increases considerably while the volumetric flow rate of the roof and stack cooling reduces.
However, it was found that the energy contributions are higher during the warmer months due to the
fan power requirement from 0.09 kW e/(m3/s) in January to 0.22 kW e/(m3/s) in September. For the
blocked hybrid system, the largest hybrid cooling contribution comes from the stack volumetric flow rate
representing a maximum of 12.1%.
Further work is required to evaluate pressure losses in ducting and leakages into the optimisation
process, equipment performance analysis and to improve the hybrid equipment ship integration, in
particular the possibility of improving passive cooling performance by exploration of options and
optimisation of design and location, including re-assessment of the assumptions regarding wind
blockage of the Venturi devices.
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