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ABSTRACT

A deep understanding of loss mechanisms inside a turbomachine is crucial for the design and analysis
work. By quantifying the various losses generated from different flow mechanisms, a targeted
optimization can be carried out on the blading design. In this paper an evaluation method for

computational fluid dynamics simulations has been developed to quantify the loss generation based on
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entropy production in the flow field. A breakdown of losses caused by different mechanisms (such as skin
friction, secondary flow, tip clearance vortex and shock waves) is achieved by separating the flow field into
different zones. Each zone is defined by the flow physics rather than by geometrical locations or empirical
correlations, which makes the method a more general approach and applicable to different machine types.
The method has been applied to both subsonic and transonic centrifugal compressors, where internal flow
is complex due to the Coriolis acceleration and the curvature effect. An evaluation of loss decomposition is
obtained at various operational conditions. The impact of design modification is also assessed by applying

the same analysis to an optimized design.

1. INTRODUCTION

To achieve good aerodynamic performance of turbomachines an evaluation of
loss generation inside a blade row is essential. Empirical loss correlations calibrated by
experimental data have been developed in the past and have become the backbone of
the design system. A highly accurate loss prediction is important in the initial design
phase. On the other hand, during the design iterations and optimization work, a detailed
loss analysis is needed to gain better understanding of the complex 3D flow field inside a
blade row. The development of Computational Fluid Dynamics (CFD) enables the
feedback from numerical simulations with the resolution based on mesh elements. Yet,
a loss evaluation methodology needs to be developed, if loss contributions from
different mechanisms or related to different design features are to be quantified. Such
information will greatly help the designers understand the loss generation and identify
the key areas to be improved. In addition, the ever-growing requirement on efficiency,

the demand on operational flexibility, cost reduction and new manufacturing techniques
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all put challenges on the aerodynamic design. To meet these challenging requirements
and to further optimize the performance a systematic loss analysis method is valuable.

In previous studies, it was deduced that loss generation can be measured by
entropy production in an adiabatic machine [1]. The isentropic efficiency is reduced by
irreversible flow processes such as viscous dissipation and heat transfer or
nonequilibrium processes (shock wave, condensation, cavitation, etc.), which all create
entropy. The rate of entropy generation per volume gives a quantitative accounting of
the local entropy production in the flow field [2]. It is particularly advantageous in
combination with CFD simulations where entropy generation rate at the mesh element
level can be extracted from the flow solutions. The local entropy production gives the
designer insight into the performance of a machine and helps identify high loss regions
in a design.

Meanwhile, in order to obtain local entropy generation rate in turbulent flows,
some modeling is needed on small scale eddies without applying Direct Numerical
Simulation (DNS). Such simulations are time-consuming and not practical during daily
design iterations. Previous study by Moore and Moore [2] used the eddy viscosity to
model the turbulent viscous dissipation and temperature fluctuation dissipation. Kock
and Herwig [3] also investigated the entropy production in turbulence shear flow. The
Reynolds-averaging procedure was extended to the entropy balance equation. They
proposed models for the Reynolds-Averaged Navier-Stokes (RANS) simulation to
calculate entropy generation rate and developed wall functions for entropy production

terms to better represent near wall regions. Jin et al. [4] proposed similar concepts to
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Moore and Moore’s work for calculating the entropy production rate with RANS
simulations based on eddy viscosity hypothesis. More recently, Zhao and Sandberg [5]
compared the entropy generation terms produced by a large-eddy simulation (LES) and
by RANS in a 2D high-pressure turbine vane passage. The biggest difference of the
turbulence production term was found in the wake region.

With the local entropy generation rate per unit volume obtained from the CFD
solution, a ‘loss audit’ in different areas of a blade row is possible. Pullan et al. [6]
applied the analysis to a low aspect ratio turbine nozzle guide vane and highlighted the
areas where the loss reduction has occurred when employing highly aft-loaded design.
Newton et al. [7] conducted the aerodynamic loss audit in a double entry turbocharger
turbine under full admission and partial admission conditions. The distribution of loss
within the turbine is evaluated and compared for each condition. The loss distribution in
the partial admission case was found to be very different to that seen in the full
admission case. Denton and Pullan [8] studied the end-wall loss in a large-scale low-
speed turbine cascade using a loss breakdown obtained by integrating the entropy
production rate. The passage flow was divided into different regions and the loss
generated in each region was computed by integration over the volume. Yoon et al. [9]
also tried to carry out a loss audit in an axial turbine stage. Rather than separating the
fluid domain into different regions, they performed a set of ‘numerical experiments’ by
turning off the viscosity on the endwall or on the airfoil. When comparing to the datum
case (including all the viscous effects and leakage flow), the reduction of aerodynamic

loss was used to indicate the loss contribution from each source.
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The breakdown of loss generation is a rather sophisticated subject. The
aforementioned studies either divided the fluid domain by geometrical locations or
turned off certain loss sources through numerical experiments. In an actual 3D flow
field, the streamwise vorticity will develop whenever a moving fluid with a gradient of
the reduced static pressure turns around a bend or rotates about an axis [10]. The
gradients of the reduced static pressure are produced as a result of nonuniform velocity
profile, centrifugal force and Coriolis force [11] [12], which are inevitable in a
turbomachine. The streamwise vorticity will encourage the secondary flow inside a
passage and a passage vortex can develop within the blade row. The interaction
between the secondary flow and the boundary layer flow together with the viscous
dissipation in the passage vortex create significant contribution to the loss generation.
For an axial turbine the endwall loss typically accounts for about 1/3 of the total loss [1].
The streamwise vortices also create complex 3D flow patterns inside a blade row, which
cannot be depicted by simple geometrical domain separation. For unshrouded blade
rows, the tip leakage flow also forms a vortex and further complicates the flow
structure. These are especially important for centrifugal machines where the effective
aspect ratio is usually low compared to axial machines. The passage vortex and tip
clearance vortex can impact a big portion of the blade span towards the trailing edge. A
simple breakdown of the fluid domain by spanwise or pitchwise position cannot capture
the zones impacted by the vortices with good accuracy. A breakdown methodology

based on flow physics is needed instead.
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Gribel et al. [13] developed a methodology for detailed loss prediction in low
pressure steam turbines. The entropy flux through the cell faces was calculated, instead
of using the rate of entropy generation per volume, to get the local entropy generation.
However, some programing work had to be done to restructure the mesh as an
unstructured solver was used in the numerical simulations. The loss analysis was carried
out on a 2D streamtube extracted from the 3D CFD solution. The streamtube was
separated into different categories using the physical features of the different loss
mechanisms. For example, the boundary layer region was identified by finding the
location where the velocity tangential to the wall reaches 99% of the free stream
velocity. The shock region was identified with the help of a limiting value of the
projection of the density gradient on the normalized velocity vector. By setting up
appropriate limiting criteria they could separate the boundary layer loss, wake mixing
loss and shock loss in the streamtube. In addition, the nonequilibrium thermodynamic
relaxation loss caused by condensation in a low-pressure steam turbine can be
computed using the entropy production rate associated with the release of latent heat
between droplet and vapor temperature. So, the loss due to the irreversible phase
change in the flow field can be taken into account. Sun [14] established the entropy
production equations for cavitation flow. When cavitation occurs the energy exchange
involves latent heat of phase change. The entropy production due to cavitation was
modeled and quantified. The method was demonstrated on a NACA hydrofoil and a 3D
propeller. Recently, Saito et al. [15] evaluated the flow loss generation in a transonic

axial compressor using a large scale detached eddy simulation (DES). They used the
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147  vortex identification and flow visualization techniques to break down the loss

148  generation into different categories: boundary layer, wake, shock wave, hub-corner
149  separation, and tip leakage vortex. The condition for dividing those regions was defined
150 by the vorticity, normalized helicity, entropy, total pressure, and static pressure. The
151 loss decomposition for the rotor and stator blade row was obtained for the operating
152  points at design rotational speed and at 50% design rotational speed.

153 These previous studies were mainly carried out for axial machines. No systematic
154  loss breakdown has been carried out for a centrifugal machine using the entropy

155  generation analysis and with physics-based flow structure identification criteria. In this
156  paper, a detailed loss analysis method has been developed for centrifugal compressors.
157  The loss generation is calculated from the rate of entropy generation in turbulent flow.
158 A breakdown of losses caused by different mechanisms (shock waves, skin friction,

159  secondary flow and tip clearance vortex) is achieved by separating the flow field into
160  different zones. The separation is defined by the physical parameters rather than by
161  geometrical locations or empirical correlations. The method has been applied to a

162  subsonic, and a transonic, centrifugal compressor, where the internal flow is complex
163  and the secondary flow is strong due to Coriolis acceleration and the meridional

164  curvature effect. The evaluation of the loss generation is done for both design and off-
165  design conditions. It is also conducted on optimized designs to show the impact of

166  design modifications.

167

168 2. PAPER OUTLINE
169
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The layout of the paper is as follows. The entropy generation rate which is used
to calculate the local loss production is discussed first for turbulent flow. The equations
are formed for RANS simulations, which are employed for the CFD studies in this work.
Secondly the loss breakdown criteria for each category including shock waves, skin
friction, secondary flow and tip clearance vortex are described in detail. The next section
introduces the CFD setup and validation. The simulation results for both the subsonic
compressor and transonic compressor are compared to test data. A mesh sensitivity
study has been carried out with an emphasis on the prediction for entropy generation.
Then the detailed loss analysis on both machines is conducted and, in both cases, a
design optimized with a 3D inverse design method [16] [17] has been analyzed for
comparison. Finally, conclusions are drawn on the results and further discussion on how

to extend/improve the method is provided.
3. LOSS ANALYSIS METHODOLOGY

The entropy equation can be deduced from the conservation of momentum and

energy equation combined with the fundamental thermodynamic equation:

2
o 1, 0w k(0T
Svol - TTU ax; + T2 <6xj) (1)
Svol is the entropy generation rate per volume. It has the unit of Watt/(m3K). k is
thermal conductivity. It is assumed that the system is adiabatic and there is no heat

source such as combustion or radiation. The first term on the right-hand side is due to

viscous effect. The second term is the contribution from heat flux. Fourier’s law is

TURBO-21-1214 Corresponding author: L. Zhang 8
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assumed for the heat conduction. When applying Reynolds averaging to the system, the
two terms can be decomposed into the mean flow and fluctuation parts [3]:

Spo1 = Svolﬁ + Svol,D' + Svol,C_ + Svol,C' (2)

Svol,f) = %fij a_zjl (3)
SvoLp’ = %T,ij% (4)
Svol,(f = % (:_;)2 (5)
Svol,C’ = % (Z_:)Z (6)

Svolﬁ and Svoz,c‘ can be calculated directly from the mean flow variables. Svol,D’
and Svol,C’ contain the turbulent fluctuation terms, which cannot be calculated directly
from RANS solutions. Using eddy viscosity to model the turbulent viscous dissipation
and assuming the effect of turbulence on heat transfer can be approximated in a similar

way [2], the fluctuation terms can be expressed as:

~ Ml _ 0u
Svol,D’ :7% ija_x; (7)
—\ 2
ke (T
Svorc! = %(a_xj) (8)
_ Cphe
ke = pre (9)

Turbulent Prandtl number Pr; is assumed to be 1. With these approximations, all
four terms can be calculated with RANS solution under eddy viscosity hypothesis. In an

adiabatic system without significant temperature variation the entropy generation
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terms associated with heat flux are generally much smaller than those from viscous
dissipation.

Once the entropy generation rate per volume has been computed from the CFD
solutions, the local entropy production information will be available for each mesh
element. Integrating over volume will give the entropy production rate in a region. The
next step is to divide the computational domain into different regions that account for

different mechanisms of loss generation.

3.1 Shock Losses
To identify the zones where shock waves are formed, the projection of the

density gradient on the normalized velocity vector is calculated [13]:

5=Vp-|—::| (10)

€ < 0 represents an expansion and € > 0 represents a compression. By setting
up a limiting value of & the non-isentropic compression waves can be filtered out from
the flow field. Elements which satisfy this criterion will be attributed to ‘shock zone’.
The volume integration of the entropy generation rate will give the entropy created by
shock waves and therefore the losses produced. The limiting value should be
determined with the help of flow visualization. In this study a value of 30 kg/m*is

adopted.

3.2 Boundary Layer Losses

TURBO-21-1214 Corresponding author: L. Zhang 10
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Within the boundary layer, the rate of entropy generation per unit volume (due
to viscous effects) can be simplified using scale analysis [1] to the expression given in

equation 11:

. 1 du
Svol,D = ;TE (11)

Where y is the direction perpendicular to the boundary layer stream tube. For
most boundary layers, the flow velocity changes rapidly near the wall surface, hence
most of the entropy generation is concentrated in the inner part of the boundary layer.
For turbulent boundary layers, the near wall velocity gradient is steep and consequently
the entropy production rate has a high value near the wall.

Dawes [18] studied the breakdown of the entropy generation in a turbulent
boundary layer. The results showed 50% of the loss is generated between the wall and
the edge of the sublayer at y + ~10 and 90% of the loss is generated between the wall
and the edge of the logarithmic zone at y + ~30.

This high entropy production rate region in the boundary layer can be identified
by the high turbulence eddy dissipation near the wall surface. An experimental study
conducted at a Reynolds number (based on boundary layer thickness) of 4230 shows
that turbulence kinetic energy dissipation rate grows rapidly where y + is below 30

(shown in Figure 1, [19]).

3.3 Secondary Flow Losses

The secondary flow loss is difficult to predict well by empirical correlations. 3D

numerical simulations provide better accuracy in capturing the main flow structure

TURBO-21-1214 Corresponding author: L. Zhang 11
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inside a blade row. This is particularly important to centrifugal compressors, where flow
within the impeller is always highly three dimensional. As described by Zangeneh [11],
the axial to radial bend induces strong secondary flow, transporting low momentum
fluid from hub to shroud on both the suction and pressure surface of the blade.
Pressure-to-suction surface secondary flow in the end wall is also triggered by the
tangential component of the Coriolis acceleration. In the purely radial part of the
impeller strong blade to blade secondary flow is formed. As a result, the high-entropy,
low momentum fluid concentrates at the suction surface near the shroud, which forms
the well-known jet-wake structure at the exit of the impeller.

The first measurements using laser anemometry by Eckardt [20] [21] provided
important information on the flow structures inside centrifugal compressor impellers.
Eckardt showed that the secondary flow pattern can be extracted from the measured
velocity field inside the passage. The measurements in Eckardt’s work also provided a
high-quality data set for numerical method verification. Previous studies [22][23]
showed that the flow structures measured by Eckardt can be captured well by 3D
viscous CFD simulations.

Since the secondary flow is caused by the vorticity in the flow field and evolves
into a secondary flow vortex in the passage, it is rational to use vortex identification
techniques to separate the secondary flow from the mainstream flow. The Q-Criterion
(the second invariant of the velocity gradient tensor) is used in this work to identify the

vortex zone in the passage flow.
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. . ou; . .
The velocity gradient tensor D;; = a_zl- can be decomposed into a symmetric and
]

a skew-symmetric part:

1{0u; , duj 1(ou; Ouj . .
Where S;; = =(=—=+ =) and Q;; = =(=—= — =2 ). S;; is the rate-of-strain tensor
J 2 6Xj 0x; J 2 6Xj 0x; J

and {2;; is the vorticity tensor.
The characteristic equation for Vu is written as:
AB+PA2+Q1+R=0 (13)
Where P, Q and R are the three invariants of the velocity gradient tensor.
The Q-criterion is derived based on the second invariant Q in Equation 13. Using

the decomposition, it can be expressed as:

Q=sUeIZ-1sI®  (14)
The Q-criterion defines vortices as the area where the vorticity magnitude is
greater than the magnitude of the rate of strain. Q > 0 represents the existence of a
vortex. The value of Q can be used to visualize and separate vortex structures in the

flow field.
3.4 Tip Leakage Losses

In an unshrouded compressor the pressure difference between pressure side
and suction side will drive flow over the blade tip and form a tip leakage vortex. In the
potential theory the flow around an airfoil can be obtained from a potential vortex

superposed on a parallel flow. According to Helmholtz’s vortex law, a vortex line in
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inviscid flows cannot end at the blade tip. A vortex filament is shed from the blade tip in
the main flow direction. The vorticity of the blade tip vortex can be linked to the blade
force and therefore the blade loading through Kutta-Joukowski theorem and Stokes’
theorem. In an actual flow field, viscous effects will take place in the vortex, and the
mixing of the leakage vortex flow and the mainstream flow also create aerodynamic
loss.

The interaction between the leakage flow and the secondary flow can be strong
in the rear part of the impeller suction surface. The ‘wake’ flow will mix with the fluid
flowing over the blade tip. Therefore, the two vortices are difficult to separate. In fact,
some methods do not distinguish the leakage loss from the secondary flow loss.

The Q-criterion can pick up the vortices in the impeller passage but cannot tell
the difference between secondary flow and tip leakage flow. In this work the two were
further separated by the turbulence kinetic energy and by the absolute helicity. Helicity
is defined as the dot product of velocity vector and vorticity vector.

H=(VXxu)u (15)

The tip leakage vortex filament is roughly in the main flow direction and tends to
have higher absolute helicity compared to the secondary flow vortex. A limiting value
with the magnitude of 10® m/s? is used in the work. Meanwhile, the turbulence kinetic
energy within the tip leakage vortex also tends to be higher than the passage vortex
[24]. Combining these two criteria and with the help of flow visualization the tip leakage

vortex zone can be separated from the secondary flow vortex in the fluid domain.
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Using the aforementioned criteria, it is possible to divide the impeller passage
into different zones. To avoid overlapping and losses in some region being counted
more than once, each zone will exclude the mesh elements already fit into another
criteria. The division was conducted first for shocks and then boundary flow as the flow
structures in these two categories are relatively easy to identify. After that the

secondary flow, and last, tip leakage flow was extracted from the domain.

4. NUMERICAL SETUP AND VALIDATION

The methodology will be demonstrated in two centrifugal compressors. A
validation of the numerical method was conducted first by comparing the CFD results to
the test data available for the two compressors.

The first example is the widely known Eckardt’s impeller ‘A’ [21]. The first laser
measurements by Eckardt were carried out on a radial centrifugal compressor, which
was known as Eckardt’s impeller ‘0’. The same shroud shape was used for impeller ‘A’.
The blade shape from inducer to 80 percent of the outlet radius is also the same as
impeller ‘0'. Towards the trailing edge the blade was modified to have 30-degrees
backsweep and the hub contour was moved outwards. The key geometrical information
is listed in Table 1.

This impeller is not the most advanced design but it has been extensively studied
and used to verify modeling methods [22][23][25]. The impeller flow is subsonic under

most conditions. For the design point condition of 14000 rpm and a mass flow of 5.31

TURBO-21-1214 Corresponding author: L. Zhang 15
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342  kg/s, the inlet tip relative Mach number is 0.683 and the outlet Reynolds number is
343 6.12x10°.

344 ANSYS CFX (19.2) is used in all the CFD simulations in this work. It uses an

345  element-based finite volume method and a pressure-based coupled solver approach.
346  The solution variables and fluid properties are stored at the nodes (mesh vertices). A tri-
347  linear element shape function is employed to interpolate the diffusion term and a

348  linear-linear interpolation shape function is used for the pressure gradient terms. A
349  high-resolution advection (2nd order accuracy) is used with the SST turbulence model.
350  Asdiscussed before, the near wall entropy generation is high, especially where y + is
351 below 10. In the k-g turbulence model wall functions were developed for the near wall
352 region but those wall functions were not designed for the entropy production terms.
353  The entropy generation near the wall can be seriously underpredicted using k-

354 turbulence model with wall functions. Kock and Herwig [3] developed special wall

355  functions for the entropy production terms. But they were not implemented in

356 commercial CFD tools. Instead, the SST turbulence model is employed in this work and
357 no wall functions are needed. A structured mesh is used for the compressor passage
358  with aresolution of y+< 3. So, the near wall region entropy generation can be properly
359  captured.

360 The CFD calculations are performed on the single passage domain under the
361  single-phase steady state assumption. The working fluid is air ideal gas. Total pressure
362  and total temperature are specified at the domain inlet with the flow direction normal

363 totheinlet plane. Massflow rate is specified at the domain outlet. Near choke

TURBO-21-1214 Corresponding author: L. Zhang 16
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conditions, static pressure is specified at the outlet. A rotational periodic boundary
condition is specified in the circumferential direction. For the wall surface, a no-slip wall
boundary condition is specified with a smooth wall assumption.

The computational domain and impeller mesh used in the study are shown in
Figure 2. A frozen-rotor method is used at the interface between the rotating domain
(impeller) and the stationary domains (inlet block and downstream vaneless diffuser).
Figure 3 shows the CFD predicted pressure ratio (total to total) versus corrected
massflow in comparison with the experimental measurements (the experimental data
was extracted from the performance map plot in [25]). The outlet total pressure is taken
at the same radial position (R/R2=1.69) as in the experimental work. Good agreement is
obtained between the measured performance and the CFD predicted speedlines at
12,000 rpm, 14,000 rpm and 16,000 rpm. Towards the stall side the steady state CFD
simulation tends to underpredict the stall margin, especially at high rotational speeds.
There could be local unsteadiness in the flow field caused by separation or shock waves,
before a rotating stall or a deep surge was triggered. The steady state simulation
doesn’t capture such unsteadiness. Also, the periodic flow assumption which enables
the use of single passage domain may not be valid at low flow rate conditions. The CFD
prediction gives slightly higher pressure ratio at high flow rate. In the experimental work
a throttle ring was mounted near the outlet of the diffuser [20], which was used to
eliminate the distortion from downstream of the vaneless diffuser. This is not modeled
in the CFD study and can cause some difference. Overall, the numerical prediction

matches the measured performance quite well at all three rotational speeds.
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The mesh used in the speedline calculation was arrived at after a mesh
sensitivity study. The total entropy generation rate in the impeller can be achieved from
volume integration over the impeller domain:

S = Jimo Spor dV (16)

A coarse, medium, medium fine and a fine mesh were tested at 14000 rpm and
5.31 kg/s. Table 2 shows the size of the different meshes and the calculated entropy
generation rate in the impeller. As mentioned before, for an adequate calculation of the
near wall entropy generation, a high resolution of the boundary layer is required. As
such, y + is kept small for all mesh levels. It can be observed that as the mesh is refined
the predicted entropy generation rate increases. The result of the ‘medium fine’ mesh
converges to that of the ‘fine’ mesh.

In Figure 4 the entropy generation rate is normalized by the value from the fine
mesh prediction. It shows the difference between the ‘medium fine’ mesh result and
the ‘fine’ mesh result is less than 1%. The ‘medium fine’ mesh was chosen for the
speedline simulations considering the balance between the accuracy and the
computational resource.

The same study has been done for the second compressor. It is a high pressure
ratio transonic centrifugal compressor with splitter blades [26] [27]. The impeller was
denoted as SRV2AB. Performance measurements and laser measurements along the
impeller passage were carried out in previous experimental work. The key geometrical

information is listed in Table 3. For the design point condition of 50000 rpm and a mass
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flow of 2.71 kg/s, the inlet tip relative Mach number is 1.34 and the outlet Reynolds
number is 8.3x10°.

The numerical study setup is the same as what was used for the Eckardt impeller
A. The computational domain consists of an inlet block, the rotating impeller domain
and the stationary vaneless diffuser domain. The results are compared to test data in
Figure 5. The predicted pressure ratio is compared to the measured value at two
different rotational speeds: 40,000 rpm and 50,000 rpm. The general agreement
between the CFD results and test data is good. Again, the steady state CFD
underpredicts the stall margin, especially at high rotational speeds. The choke margin is
slightly higher compared to the test data.

A mesh sensitivity study has also been carried out (at 40,000 rpm and 2.4 kg/s)
for SRV2AB impeller for 5 different mesh densities. The results are shown in Table 4 and
Figure 6. Again, as the mesh is refined the predicted value of the entropy generation
rate in the impeller domain converges. It is obvious that with the coarse meshanday +
higher than 20 the entropy generation rate cannot be accurately captured. On the other
hand, the predicted pressure ratio is less dependent on the mesh density and the near
wall resolution. All the meshes give a pressure ratio within 2% difference compared to
the ‘very fine’ mesh data. The ‘fine’ mesh predicts the entropy generation rate with
2.3% difference compared to the ‘very fine’ mesh. The speedline studies are carried out
with this mesh level to maintain the accuracy with a modest computational time.

After the validation of the numerical simulations, a detailed loss analysis using

the methodology introduced in the previous section is conducted for both compressors.
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The results will also be compared to an optimized design in both cases. The impact of

design optimization can be analyzed through an entropy generation study.

5. SUBSONIC CENTRIFUGAL COMPRESSOR

The flow field measurement by Eckardt was mainly carried out at 14,000 rpm.
The loss analysis is carried out at the same rotational speed. The domain analyzed is the
impeller passage. TE wake mixing loss and the diffuser loss are not part of the current
study.

Since the Eckardt impeller A is functioning under subsonic flow conditions, little
loss is expected from the irreversible shock wave. In fact, only a small region at the
impeller LE near the shroud has a slightly higher Mach number. Towards high flow rate
conditions this region is more visible as the inlet velocity is increased. Figure 7 shows the
zone picked up by the shock wave identification method at the highest flow rate on the
speedline (6.73 kg/s). The passage was copied several times along the annulus to show
the flow details. It can be seen from the blade-to-blade view (Figure 7, right) that only a
small region at the pressure side near LE has Mach number over 1.0. At this flow rate
there is some negative incidence at the blade leading edge and the shock wave happens
at the pressure side. The volume shown in Figure 7 left picked up the mesh elements
near this region and it is identified as ‘shock zone’. In the tip clearance part, there is also
small region that is picked up by this criterion. But overall, the shock wave is not

prominent in the flow field.
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The boundary layer zone is mainly detected by the near wall high turbulence
eddy dissipation. Figure 8 shows the regions identified as the boundary layer below
midspan in the impeller passage. The thin blue zone in Figure 8 (left) is near the blade
surface and at the hub. It is separated from the fluid domain by limiting the turbulence
eddy dissipation value. The turbulence eddy dissipation at mid span is shown on a
blade-to-blade view in Figure 8, right. It is obvious that the near wall region has a high
value compared to the mainstream flow. It can also be observed that near the hub, part
of the area is not picked up by the boundary layer identification. This is because the
endwall vortex is acting on that specific area hence it is categorized as part of the
secondary flow zone rather than the boundary layer zone. From the blade-to-blade view
it can also be observed that the boundary layer grows more rapidly on the suction
surface of the impeller blade and it has slightly a thicker boundary layer than the
pressure surface.

To find the secondary flow zone in the impeller passage vortex identification
techniques are used, together with flow visualization. Figure 9 (upper) shows the
contour plot of velocity variant Q (the passage was copied several times along the
annulus to show the flow structure). The area with high vorticity is highlighted by red.
The 3D streamlines (Figure 9, middle) show that strong secondary flow develops inside
the passage moving the fluid from hub to shroud. Both suction and pressure surfaces
have flow going to the shroud. At the trailing edge a large high entropy vortex is formed
near the shroud. The elements belonging to the secondary flow structure are captured

and separated from the main flow (Figure 9, lower). It can also be seen that near the
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blade leading edge the horseshoe vortex and the endwall vortex are also picked up by
this criterion.

The last category is tip leakage loss. As mentioned before, it is separated from
other vortices in the passage by the absolute helicity and turbulence kinetic energy. The
result is shown in Figure 10. The tip flow moves from pressure side to suction side, over
the blade tip and propagates towards the adjacent blade. The tip leakage zone captured
and separated this flow structure from the rest of the passage.

The demonstration on Eckardt impeller A shows the flow field has been
decomposed into different regions by the criteria used. Each region captured the flow
that accounts for a certain type of loss. By integrating the entropy generation rate per
volume over these zones, the loss created by each flow feature can be quantified.

Firstly, the total entropy generation rate is computed for the impeller passage at

various flow rates. The contribution from the four terms in Equation 2 (Sy,4,5, Syo1p’
Svoz,c‘ , and Svol,C') are shown on a stacking plot in Figure 11. They are denoted as
‘Meanflow Viscous’, ‘Turbulence Viscous’, ‘Meanflow Heat Flux’, and ‘Turbulence Heat
Flux’ term respectively. They are calculated from volume integration over the impeller
domain. It is apparent that most entropy generation is associated with the viscous
dissipation occurring due to the turbulence fluctuations. It contributes to over 75% of
the total entropy generation. The viscous dissipation from mean flow also creates a
considerable portion of entropy generation, whereas the heat flux terms have little

contribution. The entropy generation from heat flux of the mean flow is negligible
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compared to other terms. Towards high flow rate conditions, the overall entropy
generation increases with each term progressively producing more entropy.

Figure 12 shows the breakdown of entropy generation based on the fluid zones
identified by different mechanisms. The decomposition is also plotted against the
corrected massflow. As expected, the boundary layer zone produces more entropy at
high flow rate since the velocity close to the wall is relatively high. The secondary flow
also contributes towards a large portion of the overall entropy generation. At high flow
rate conditions, it produces more than a third of the total entropy generation. The tip
leakage flow produces similar portion of entropy generation in comparison to the
secondary flow and the boundary layer flow. It also increases slightly at high flow rate
conditions. The entropy generated by the shock wave is negligible except at the highest
flow rate (shown in Figure 7). The sum of the entropy generation from the four
categories has the same distribution as in Figure 11. In fact, over 90% of the total loss is
captured by these categories. There is some remaining passage loss in the part of the

passage flow not covered by the 4 categories discussed.

5.1 Design Optimization

After the loss analysis on the flow field of the Eckardt impeller A was obtained,
an optimization was carried out with a 3D inverse design tool TURBOdesign1 [28]. The
inverse design method uses a 3D inviscid flow solver and can be used for both
compressible and incompressible flow. It has been applied to compressors and pump

designs extensively. The solver solves the blade geometry and 3D inviscid flow field
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iteratively. The converged solution compares well with CFD results. The theory of the
method was introduced in the early work by Zangeneh [16] [17] and Hawthorne [29].
The advantage of the inverse design method is that the blade geometry is controlled by
the aerodynamic inputs (blade loading) which can be used to control the flow behavior.

Figure 13 shows the required blade loading parameters to generate the blade
geometry. The circumferentially averaged bound circulation rVj is normalized by the
impeller outlet tip radius and speed. The meridional derivative of the normalized value
(rv_g) is used to specify the loading. Three segments (two parabolic curves and a linear
line connecting the two) are used on the hub and shroud streamlines. Four parameters
(NC, ND, SLOPE and DRVT.) are needed to define a loading curve. The value of DRVTt
(a(rv_g)/am at the leading edge) affects the blade incidence and the peak efficiency
point of the design. In addition, the stacking condition can be specified at a chordwise
location. It is introduced by specifying variation of wrap angle from hub to shroud at one
quasi-orthogonal location (usually taken at trailing edge for centrifugal impellers). This
adds one additional parameter to control the spanwise pressure field. Therefore, it is
possible to use only 9 parameters to define a complex 3D blade shape.

Once the solver converges on a solution the pressure and velocity distribution on
the blade surface will be available. Since the inverse design solver converges on a single
core within a few seconds, it can be coupled to an optimizer to explore the design space
quickly. The parameterization by blade loading reduces the degree of freedom to
describe a blade geometry, yet without a sacrifice of design space’s exploration. The

optimization work on Eckardt impeller is carried out within TURBOdesign Suite [30]
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using its embedded genetic optimizer (TDOptima). A direct multi-objective genetic
algorithm optimization is conducted.

As shown in Figure 12, the boundary layer friction and secondary flow produce
the major portion of total loss. Therefore, the objectives are set to minimize the profile
loss and the secondary flow factor. The profile loss factor is computed from the
integration of the cube of the blade surface velocity predicted by the inverse design
code. Previous work [1] shows that the entropy generation on the blade surface is
largely proportional to this value:

$=[7% g (1)

The secondary flow factor is characterized by the loading difference between the
hub and shroud. It is related to the hub-to-shroud motion of fluid [11]. It is calculated in
the inverse design code by using the velocity difference (downstream of 50%
streamwise location) between the hub and the shroud of the blade. Two constraints are
set to rule out invalid designs. The throat variation range is set to about 2.0% of the
baseline value and the diffusion ratio (maximum relative velocity on the blade surface
divided by the relative velocity at the trailing edge) is constrained to avoid flow
separation. Table 5 summarizes the range of the input parameters as well as the
constraints and objectives used in the optimization.

In total, 1178 feasible inverse design solutions have been generated. The results
are plotted in Figure 14. It is obvious that minimizing profile loss and minimizing

secondary flow are contrasting objectives and a Pareto front of the two objectives can
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be observed. From the Pareto front a final design (marked by the black bubble) is
selected. It is denoted as the optimized design.

The loading distributions of the optimized design are shown in Figure 15. It can
be seen that the hub is very aft-loaded. In addition, stacking is also applied in the
optimized design, with the hub wrap angle leading the shroud wrap angle by 5 degrees.
This type of loading and stacking distribution have proven to be effective in suppressing
the secondary flow in centrifugal machines [11]. This is attributed to the minimization of
the loading difference between hub and shroud at the second half of the meridional
distance. The reduced static pressure difference between the hub and shroud (which is
the driving force of the hub-to-shroud secondary flow) is therefore minimized.

Figure 16 shows the performance prediction (at 14,000 rpm) for the optimized
design by CFD analysis. It uses the same numerical setup as described for the Eckardt
impeller A. As the loss analysis is done in impeller domain only the impeller
performance (shown in Figure 16) was calculated at the impeller outlet. The loss from
downstream vaneless diffuser is not included. The comparison shows that the optimized
design delivers similar pressure ratio across different flowrate conditions. The efficiency
of the impeller is improved at the design point (5.31 kg/s) and lower flow rate. Towards
high flow rate condition, the efficiency drops slightly compared to the original design.
This can be improved by increasing the throat value of the optimized design to better
match the Eckardt impeller A choke margin.

The entropy generation rate by each production term is shown on a stacking plot

in Figure 17. It can be observed that the total entropy generation rate is reduced at the
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design condition and lower flowrates compared to Figure 11. The minimum of the total
entropy generation rate corresponds to the peak efficiency point in Figure 16. The
reverse of the entropy generation rate resembles the efficiency characteristics.

Figure 18 shows the breakdown of entropy generation for the optimized design.
Compared to Figure 12 the boundary layer zone produces similar entropy. The main
reduction of entropy generation is from the secondary flow and the tip leakage flow.
Apart from the highest flow rate condition the entropy generated by shocks is not
obvious.

At the design point 5.31kg/s the entropy generation breakdown is compared
between the two designs (Figure 19). It can be seen that the reduction in secondary flow
loss leads to the overall lower entropy generation rate for the optimized design. The
very aft-loaded hub and stacking at the blade trailing edge have effectively suppressed
the secondary flow.

Figure 20 shows the contour plot of velocity variant Q in the passage of the
optimized design (at 5.31 kg/s). Compared to Figure 9 (upper) the high vorticity area
(highlighted by red) at the trailing edge of the impeller is greatly reduced. The reduction
of vortices in the passage (especially near the shroud) results in less loss created by
secondary flow and the tip leakage vortex. This is consistent with the reduced entropy
generation rate by secondary flow and by tip leakage shown in Figure 18 and Figure 19.
In addition, the improvement on the impeller existing flow also reduces the loss in the
vaneless diffuser domain. At the vaneless diffuser outlet the peak efficiency of the

optimized design is about 1.6% higher than the Eckardt impeller A.
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Towards the choke condition, entropy generation in secondary flow grows
rapidly in Figure 18. Besides, it is noticed that the shock loss is increased. This is due to
the higher local Mach number. The stronger shock wave also induces strong loss in
secondary flow, which contributes to the drop of efficiency.

The demonstration and analysis on Eckardt impeller and optimized design show
that the proposed methodology well captures the losses under different flow
conditions. It can also pick up the influence from design optimization. Using the analysis
through entropy generation rate, a good understanding of the loss mechanism inside
the impeller can be achieved, which helps to carry out targeted performance

optimization.

6. TRANSONIC CENTRIFUGAL COMPRESSOR

The same loss breakdown analysis was carried out for both the SRV2AB impeller
and its TURBOdesign1 optimized design. For high-pressure-ratio centrifugal
compressors, the inlet relative Mach number near the shroud is high. It becomes
supersonic and strong shock waves can form at the blade inducer if not designed
carefully. Thus, the optimization needs to take into consideration the shock loss as well
as other losses. This makes the design more complex compared to subsonic
compressors. The optimized design was produced by Zangeneh et al. [31]. It shows a 2-
2.5% improvement of stage efficiency at different rotational speeds. The optimized

design uses a strongly aft-loaded hub and mildly aft-loaded shroud (Figure 21). It
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provides a good compromise between suppression of secondary flow and decreasing
the shock losses.

The detailed comparison between the original SRV2AB and the optimized design
can be found in [31]. Again, the loss analysis is done for the impeller domain only. The
impeller performance curves for the two designs are plotted in Figure 22. The loss from
the downstream vaneless diffuser is not included. It can be seen that the optimized
design has similar pressure ratio to the original design over a range of operating
conditions. The choke margin also matches the original SRV2AB design closely. The
efficiency of the optimized design is around 2% higher than the original SRV2AB
impeller.

The entropy generation of both designs was extracted to better understand the
impact of design modification and to quantify the change in different loss contributions.
Figure 23 shows the comparison of entropy generation rate at 40,000 rom between the
SRV2AB impeller and the optimized design. The same as shown in Figure 11, most
entropy generation is created by the viscous dissipation from the turbulence fluctuation.
The viscous dissipation from mean flow creates another major portion of entropy
generation. The heat flux terms have little contribution. Towards off-design conditions
the overall entropy generation increases, which corresponds to the efficiency drop seen
on the speedline (Figure 22). It is also clearly demonstrated that the optimized design
reduces the entropy generation rate at all conditions, which is in agreement with the

overall higher efficiency observed in Figure 22.
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The breakdown of entropy generation by different mechanisms is shown in
Figure 24. Similar to the Eckardt impeller A analysis the entropy generation in boundary
layer increases with massflow. The shock loss however is not negligible in both the
SRV2AB impeller and its optimized design. The shock loss also increases with massflow
as the flow Mach number is increased. The optimized design reduces the shock loss
towards the choke condition. But the major reduction of entropy generation is from the
secondary flow. The optimized design significantly reduces the secondary flow loss,
especially towards high flow rate conditions. Since secondary flow contributes a large
portion of the overall entropy generation, suppressing the secondary flow in the
impeller passage effectively improves the efficiency. The tip leakage flow also produces
an important portion of entropy generation but the change with massflow is not very
big.

Figure 25 shows the breakdown of entropy generation by difference mechanisms
at 50,000 rpm. Compared to Figure 24 the overall entropy generation level is almost
twice the value at 40,000 rpm. In addition, the shock loss is much higher at high
rotational speed. The optimized design reduces the shock loss visibly at all flowrates.
The secondary flow is also greatly reduced by the design optimization. Both contribute
to the improvement of efficiency shown in Figure 22.

At the design point 2.7kg/s the entropy generation breakdown is compared
between the two designs (Figure 26). It is evident that the strongly aft-loaded hub and
mid aft-loaded shroud loading distribution for the main blade has effectively suppressed

the secondary flow. Meanwhile the shock loss is also reduced.
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The shock zone captured by the identification method is shown in Figure 27. It
can be seen that near the leading edge the shock zone is reduced from mid-span to hub
in the case of the optimized design. This is due to the reduced loading at the hub and
mid-span in the inducer area.

The analysis on SRV2AB impeller and optimized design shows that for transonic
centrifugal compressors it is important to suppress the shock wave. The proposed
method captures the shock loss and the change in its magnitude as a result of design
optimization. By using careful loading control, it is possible to limit both shock wave loss

and secondary flow loss. These can lead to considerable improvement in performance.

7. CONCLUSION

In this paper a loss evaluation method is developed to quantify the loss creation
based on entropy generation. The breakdown of different loss mechanisms is obtained
by separating the fluid domain into different zones. The underlying flow physics for the
flow decomposition are discussed. The method is demonstrated on two centrifugal
compressor examples. The entropy generation rate from each loss mechanism is
extracted from the flow field under various operating conditions. For the subsonic
compressor (Eckardt impeller A) an optimization is carried out based on the loss analysis
results. It shows by suppressing the passage secondary flow and limiting the blade
profile loss the impeller peak efficiency can be improved. For the transonic compressor
(SRV2AB) the suppression of shock loss as well as the secondary flow loss improves the

efficiency considerably. The entropy generation analysis enables the designers to get a
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good understanding of the loss mechanisms inside the impeller. With the knowledge of
the loss decomposition, it is possible to carry out targeted optimization using the
inverse design method, which can control the flow field of a specific design through

blade loading distribution.

8. FUTURE WORK

The methodology developed has been applied to two centrifugal compressors of
different scales and speeds. The loss breakdown and flow decomposition are done with
the help of flow visualization. To make the approach more automatic the criteria used to
separate the fluid domain can be linked to some flow parameters. For example, the
threshold of turbulence eddy dissipation may be related to the Reynolds number of the
impeller flow. The helicity and turbulence kinetic energy used to separate the tip
leakage vortex flow can be linked to the blade loading and tip gap dimension etc. The
modified Rossby number (a measure of centrifugal force to Coriolis force) may be used
to estimate the limiting value used in the secondary flow criteria.

The current work focuses on the analysis of entropy generation in the impeller
domain. The diffuser domain loss analysis was outside the scope of the current work.
However, extending the methodology to the diffuser domain can be very helpful since
diffuser generally contributes towards a larger portion of the overall loss in a
compressor stage. Compared to the impeller the diffuser is quite often a less efficient
component. The improvement of diffuser design can significantly benefit the stage

performance.
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Finally, the proposed method can be used to calibrate the loss models used in

the design phase. The detailed loss analysis from CFD provides good information for loss

model evaluation since it has better spatial resolutions and is less expensive than

experimental studies.
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NOMENCLATURE

Roman symbols

T‘Vg

17 *

TV@

Lj

TURBO-21-1214

Dissipation coefficient

Specific heat capacity at constant pressure
a(rV_g)/am at the leading edge

Velocity gradient tensor

Helicity

Thermal conductivity

Turbulent thermal conductivity
Percentage meridional distance

Number of blades

Pressure

Turbulent Prandtl number

Q-criterion

Radius

Circumferentially averaged bound circulation
Non-dimensional 7V,

Entropy generation rate

Rate of strain tensor
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724

725  Greek symbols
726

é

U

727
728  Superscript
729

+

Static temperature

Velocity

Meridional velocity

Streamwise direction

Direction normal to boundary layer

Non-dimensional wall distance

Boundary layer thickness

Projected density gradient

Circumferential direction

Dynamic viscosity

Turbulent viscosity

Density

Shear stress tensor

Vorticity tensor

Blade pressure/suction surface

Fluctuating component
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Average value

Subscript
LE Blade leading edge
vol Volume
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Geometry of the Eckardt ‘A’ impeller

Mesh sensitivity study for the Eckardt ‘A’ impeller

Geometry of the ‘SRV2AB’ impeller
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Optimization inputs, objectives and constraints
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819 Table 1. Geometry of the Eckardt ‘A’ impeller
820
Number of blades Z 20
Impeller diameter D2 400 [mm]
Impeller outlet width b2 26 [mm]
Inlet shroud radius rls 140[mm]
Axial length | 130 [mm]
Tip Clearance 0.8-0.25 [mm]

Inlet blade angle at tip B1t

63 [degree]

Outlet blade angle B2

30 [degree]

821
822
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823 Table 2. Mesh sensitivity study for the Eckardt ‘A” impeller
824
clements | Ps| S | PR
[(million] 1 | (W/KT | [
Coarse 2.2 <5 1.781 | 1.841
Medium 4.2 <3 1.898 | 1.843
Medium | ¢ 5 <3 | 1.940 | 1.844
Fine
Fine 9.0 <3 1.957 | 1.844
825
826
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Table 3. Geometry of the ‘SRV2AB’ impeller

Number of blades Z 13 (fu'II) +13
(splitter)
Impeller diameter D2 224 [mm]
Impeller outlet width b2 8.7 [mm]
Inlet shroud radius rls 78[mm]
Axial length | 130 [mm]
Tip Clearance 0.5-0.3 [mm]

Inlet blade angle at tip 1t

63.5 [degree]

Outlet blade angle B2

52 [degree]
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830 Table 4. Mesh sensitivity study for SRV2AB impeller
831
clements | TP | S| PR
[million] -1 | W/ [
Coarse 2.3 <25 | 2.882 | 2.586
Medium 3.9 <4 4,143 | 2.566
Mefilum 54 <2 4,448 | 2.575
Fine
Fine 9.6 <1 | 4.608 | 2.598
Very Fine 13.1 <1 4,719 | 2.615
832
833
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Table 5: Optimization inputs, objectives and constraints

TURBO-21-1214

Variables Range
NChub 0.2-0.4
NDhub 0.6-0.9

SLOPEhub 0.5-1.75

DRVThub -0.5-0.5
NCshr 0.2-0.4
NDshr 0.6-0.9

SLOPEshr -0.25-0.5

DRVTshr -0.5-0

Stacking -5 -5 [deg]

Constraints
Throat 1%
Diffusion Ratio 1.5-1.74
Objectives
Profile loss Minimize
Secondary flow factor Minimize
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Fig.

Fig.

Fig.

Fig.

Fig.

Fig.

Fig.

Fig.

Fig.

Figure Captions List
Comparison of wall-normal profiles of turbulent kinetic energy dissipation
rate estimated by different techniques (Zaripov et al. [19])
Computational domain and impeller mesh detail of Eckardt impeller A,
left: domain; right: impeller mesh on blade and hub.
Comparison of predicted and measured total to total stage pressure ratio
versus corrected massflow for Eckardt impeller A
Calculated impeller entropy generation rate versus mesh size for Eckardt
impeller A
Comparison of predicted and measured total to total stage pressure ratio
versus corrected massflow for SRV2AB impeller
Calculated impeller entropy generation rate versus mesh size for SRV2AB
impeller
Shock identification for Eckardt impeller A at 6.73 kg/s, left: shock zone;
right: 95% span Mach number distribution in blade-to-blade view.
Boundary layer identification for Eckardt impeller A at 5.31 kg/s, left:
boundary layer zone (below 50% span); right: 50% span turbulence eddy
dissipation distribution in blade-to-blade view.
Secondary flow identification for Eckardt impeller A at 5.31 kg/s, upper:
contour of velocity invariant Q; middle: 3D streamlines colored by

entropy, lower: secondary flow zone.
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16
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19

20

Tip leakage flow identification for Eckardt impeller A at 5.31 kg/s, left: 3D
streamlines colored by turbulence kinetic energy, right: tip leakage flow

zone.

Entropy generation rate (decomposed by production terms) versus

corrected masslfow for Eckardt impeller A

Entropy generation rate (decomposed by sources) versus corrected

massflow for Eckardt impeller A

The blade loading parameters used in TURBOdesign1

Profile loss against secondary flow factor in optimization

Loading distribution on hub and shroud blade surface for the optimized
design

CFD predicted performance of the optimized design at 14,000 rpm in

comparison to Eckhardt impeller A, left: total-to-total pressure ratio

versus flowrate; right: total-to-total isentropic efficiency versus flowrate.

Entropy generation rate (decomposed by production terms) versus

corrected massflow for the optimized design (subsonic)

Entropy generation rate (decomposed by sources) versus corrected

massflow for the optimized design (subsonic)

Entropy generation rate (decomposed by sources) at 5.31kg/s for the

Eckardt impeller A and the optimized design (14k rpm)

Contour of velocity invariant Q for the optimized design at 5.31 kg/s
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Fig. 21

Fig. 22

Fig. 23

Fig. 24

Fig. 25

Fig. 26

Fig. 27

Loading distribution on hub, midspan and shroud of the main and splitter
blade for the optimized design (Zangeneh et al. [31])

CFD predicted performance of the optimized design in comparison to
SRV2AB impeller, left: total-to-total pressure ratio versus flowrate; right:

total-to-total isentropic efficiency versus flowrate.

Entropy generation rate (decomposed by production terms) versus
corrected massflow for the SRV2AB impeller and the optimized design
(40k rpm), left: SRV2AB, right: Optimized Design.

Entropy generation rate (decomposed by sources) versus corrected
massflow for the SRV2AB impeller and the optimized design (40k rpm),
left: SRV2AB, right: Optimized Design.

Entropy generation rate (decomposed by sources) versus corrected
massflow for the SRV2AB impeller and the optimized design (50k rpm),
left: SRV2AB, right: Optimized Design.

Entropy generation rate (decomposed by sources) at 2.7kg/s for the
SRV2AB impeller and the optimized design (50k rpm)

Shock identification for SRV2AB impeller and the optimized design at 2.7

kg/s, left: SRV2AB; right: Optimized Design (50k rpm).
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Fig. 1 Comparison of wall-normal profiles of turbulent kinetic energy dissipation rate

estimated by different techniques (Zaripov et al. [19])
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Fig. 2 Computational domain and impeller mesh detail of Eckardt impeller A, left:

TURBO-21-1214

domain; right: impeller mesh on blade and hub.
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Fig. 6 Calculated impeller entropy generation rate versus mesh size for SRV2AB
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Mach Number

Fig. 7 Shock identification for Eckardt impeller A at 6.73 kg/s, left: shock zone; right:

95% span Mach number distribution in blade-to-blade view.
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872 Fig. 8 Boundary layer identification for Eckardt impeller A at 5.31 kg/s, left: boundary

873 layer zone (below 50% span); right: 50% span turbulence eddy dissipation distribution in
874 blade-to-blade view.
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877 Fig. 9 Secondary flow identification for Eckardt impeller A at 5.31 kg/s, upper: contour
878 of velocity invariant Q; middle: 3D streamlines colored by entropy, lower: secondary
879 flow zone.
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Fig. 27 Shock identification for SRV2AB impeller and the optimized design at 2.7 kg/s,
left: SRV2AB; right: Optimized Design (50k rpm).
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